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Lay Summary

All around the world, scientists, engineers, and amateurs are putting lots of
efforts to develop devices that harvest energy from renewable energy sources.
One of the most promising technologies are tidal turbines. These devices are
placed at the bottom of the sea and use tidal currents to spin their blades and
generate electricity. Thanks to the regularity of the tides, tidal turbines will
constitute a green, reliable, and predictable source of energy for our future
needs. However, there is a catch: this technology is not ready yet.
Tidal turbines are still too expensive to be deployed on such a large scale
as wind turbines. They are designed to operate for 20 years, but predictions
estimated a much shorter lifespan. This happens because of the harshness of
the marine environment, where waves and currents generate ever changing
flow conditions that cause massive load fluctuations on the turbine blades.
The blades eventually break, decreasing the lifespan of the device and causing
the need for expensive maintenance operations.
The question is: how can we make those blades survive for 20 years?
In my PhD project, I investigated a particular design called morphing
blades. The idea is that a part of the blade is flexible such that when the
flow conditions change, the blade can bend to mitigate the load fluctuations.
Much like a fish swims smoothly by flapping its body.
In this thesis, I present the results from a numerical code I developed
that simulates a tidal turbine equipped with morphing blades, I explain the
physics underlying load mitigation by morphing blades, and I present the
findings from proof-of-concept experiments I performed in a world-leading
testing facility. Results are very promising: I found that once optimised, the
system can alleviate up to 99% of load fluctuations responsible for the blade
damage. Moreover, experiments confirmed that morphing blades are capable
of alleviating load fluctuations in all the tested conditions. This means that

i

morphing blades will generate the electricity that we need, but they won’t
break. Therefore, if we equip tidal turbines with morphing blades, those
turbines will last longer, they will cost less, and they will grant us a greener
future.
This work aims to underpin the future development of morphing blades by
providing a simple, yet reliable numerical model, and by proving experimentally the capabilities of this technology.
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Abstract

This thesis presents a novel passive load control to reduce the unsteady hydrodynamic loads on the blades of tidal turbines, enabling lighter, more resilient
and less expensive turbines.
Existing load control strategies are inadequate to mitigate the high frequency loads experienced by tidal turbines. The ideal solution should provide a fast, local control action on every section of the blade. Research on
wind turbines suggests that the most promising option are trailing edge flaps,
and passive, flexible materials are recommended over rigid control surfaces
to maximise the device reliability.
Beyond some pioneering examples of morphing blades, the fundamental
principles underlying their efficacy have yet to be fully understood, withholding further development and the adoption by the industry.
I present a numerical investigation of morphing blades to show the principles underlying unsteady load alleviation by morphing blades, and I demonstrate their capabilities via proof-of-concept experiments.
I develop a low-order model where the blade flexibility is represented by
a torsional spring that controls the blade pitch motion, and I optimise the
system for a specific turbine design operating in different flow conditions.
The fluctuations of the root bending moment can be reduced up to 99%
when the turbine operates in shear flow, and by 87% when operating in large
wave conditions. The system is governed by the blade flexibility, but the
blade inertia, material damping, and unsteady flow phenomena can affect
the load-alleviating performance greatly.
To verify the system capabilities, I conduct a series of experiments in
FloWave, a 25 m wide, 2 m deep, circular tank testing facility, using a 1:15
scale turbine and custom designed passively-pitching blades. The system
consistently reduces the fluctuations of the root bending moment, thrust
iii

and torque over a range of different tip speed ratios. While the experiments
featured a passively-pitching blade, the results are a good indication of the
potential of morphing blades, and the analytical low-order code is equally
representative of a rigid blade with a flexible trailing edge.
This work aims to underpin the future development of morphing blades by
providing a simple, yet reliable numerical model, and by proving experimentally the capabilities of this technology.
Keywords: unsteady load mitigation, passive load control, pitch control,
morphing, fluid-structure interaction, tidal turbine
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1
Introduction

Tidal energy is a promising renewable energy source that could critically
contribute to energy security [1]. The world’s first arrays of tidal turbines
(Meygen and Nova’s Bluemull Sound, 2016) have only recently been deployed
in Scotland. For this energy sector to develop further, new technology must
be developed to reduce the levelised cost of energy (LCOE), which is the
minimum constant price at which electricity has to be sold in order to breakeven over the lifetime of the project. Technology that enables more reliable
and cheaper tidal turbines would contribute to a reduction in the LCOE and
it would provide more competitive renewable energy.

1.1

The tidal environment

Tidal turbines operate from cut-in speeds of 1 ms−1 or less [2], and are
typically deployed at sites and where the water current can reach up to
5 ms−1 . For typical MW-rated turbines, like the TGL turbine considered in
this work (see Chapter 3), SIMEC Atlantis AR1500 turbine [2], and Orbital
Marine Power O2 [3], the rotor diameter is 18 − 20 m and the Reynolds
number, at the device scale, is 1 − 8 · 106 . The tidal stream is vertically
sheared with turbulence intensities in the streamwise direction of up to 20%,
dominant time scales of 6 − 10 s, and integral length scales of tens of meter
in the streamwise direction but with significantly smaller magnitudes in the
vertical and transverse directions [4, 5].
Tidal deployment sites are often close to the land, where the current speed
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is enhanced by local conformations like channels, coastal inlets or bays, a
headland, or an island near a land mass. In such shielded locations, waves
are not as strong as mid-ocean swells which can reach up to 20 m, but can still
achieve heights of several meters. Whelan et al. [6] indicated that a ten-year
wave at a typical tidal site (i.e. an extreme wave that occurs statistically once
every ten years) has a period of 9 s, significant wave height 9 m, and can cause
velocity fluctuations of up to 3 ms−1 . However, such extreme wave is slow,
with frequency 0.7 rads−1 , corresponding to about one third of the rotational
frequency of a large turbine (e.g. SIMEC Atlantis AR1500 operates around
14 rpm, or ω = 2.1 rads−1 [2]), or several blade revolutions for a smaller
and faster kW-rated turbine. Conversely, a more regular wave pattern with
a significant wave height of 0.75 m, has a shorter period of about 3 s and
frequency 2.1 rads−1 , comparable to the rotational frequency of the turbine.
Although the magnitude of the flow speed fluctuations is smaller, the turbine
blades experience greater flow unsteadiness due to the higher frequency of
the phenomenon.
Sequeira and Miller [7] summarised the parameter space of unsteady flow
conditions experienced by tidal turbines at the blade mid-span section as
follows. Wave-induced flow fluctuations are mainly low frequency (reduced
frequency κ = ωc/U < 0.2) that may be approximated as a quasi-steady phenomena with large amplitude that can push the blade past its static stall
angle. Instead, seabed turbulence has typically small amplitude but higher
frequency (κ ≤ 0.7) and should be approximated using unsteady flow models. Rotating through a shear current causes moderate flow unsteadiness
(κ ≈ 0.2) with fluctuation amplitudes comparable to those caused by turbulence.
When considering the blade onset flow, each section experiences different
inflow velocities, corresponding to different levels of unsteadiness. Near the
root, where the velocity due to the blade rotation is small, unsteady flow
generates greater fluctuations than at the tip, where the onset flow velocity
is dominated by the rotational component. Scarlett et al. [8] showed that on a
full-scale turbine operating in large wave conditions, a section at the blade tip
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(r/R = 0.96, i.e. 96% of the blade span) experiences flow fluctuations at low
frequency κ ≈ 0.02, which cause quasi-steady fluctuations with magnitude
∆α = max(α) − min(α) ≤ 6 deg within the attached flow region. Near the
mid span (r/R = 0.40), larger fluctuations (∆α ≈ 10 deg) cause the angle of
attack to slightly exceed the static angle of attack, however, the unsteadiness
generated by the moderate frequency κ ≈ 0.2 delays the onset of separation
thus preventing it. At the root (r/R = 0.15), flow fluctuations at high
reduced frequency (κ ≈ 0.3) and high magnitude fluctuations of the angle
of attack (∆α ≈ 16 deg) generate highly unsteady conditions. Since root
sections operate around the static stall angle, they experience deep dynamic
stall, with abrupt separation near the leading edge and generation of large
vortices which cause large load fluctuations. In the presence of additional
unsteady phenomena like, for instance, strong turbulence and yawed flow, the
unsteadiness over the lower half of the blade can reach even higher reduced
frequency (κ > 0.56) causing even larger load fluctuations [9].

1.2

Turbine’s unsteady loads

The large load fluctuations induced by the shear and turbulence of the onset
flow, wave-induced current fluctuations, yaw misalignment, interaction with
the support structures, wave-induced motion of floating devices, and wakes of
the upstream devices present a major challenge to the design of tidal turbines
[8, 10]. In particular, Scarlett and Viola [9] developed a code based on blade
element momentum theory to study the unsteady loads on an 18 m diameter
tidal turbine and they found that waves and turbulence are the main sources
of unsteady loads. Using onset flow conditions measured at the European
Marine Energy Centre (EMEC) test site, they showed that a turbine operating in large waves experiences fluctuations of the root bending moment that
can exceed by 50% the steady-state values [8]. Similar conclusions are shared
by other authors, who measured significantly higher loads when the turbine
was subjected to waves and large scale turbulence compared to quasi-steady
reference loads (Table 1.1). As a result, tidal turbine blades are designed
with high safety factors, which leads to thick structures with short fatigue
3
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Authors

Method

Disturbance

Loads

low-order code

waves

root bending moment
+50%

Barltrop et al. [12]

wave tank
experiments

waves

peak thrust +40%

Galloway et al. [13]

wave tank
experiments

waves

root bending moment
+175%

Milne et al. [14]

towing tank∗

waves, large scale
turbulence∗

root bending moment
+15% (attached flow)

Milne et al. [15]

towing tank∗

waves, large scale
turbulence∗

root bending moment
+25% (dynamic stall)

Scarlett et al. [8]

Table 1.1: Loads increase on tidal turbines subjected to unsteady flow conditions
with respect to quasi-steady loads(∗ the effects are replicated using the oscillating
mounting of the turbine).

life that push up capital and operational costs [11].
The development of tidal farms will see the deployment of a large number of turbines in array configurations. To increase local blockage and thus
yields, tidal turbines might be placed in close proximity [16–18]. The interaction with the wake of upstream turbines generates additional unsteady
load fluctuations on the downstream turbine [19], and the mean rotor power
and thrust are also affected [20, 21]. However, this is a relatively unexplored
area, and most research is on the effects of upstream wakes focuses on the
yield of a downstream turbine [22, 23] and the optimisation of spacing within
the array to optimise power extraction [24–26], rather than understanding
unsteady loads arising from turbine-wake interaction. Load fluctuations are
transmitted from the blades to the rest of the turbine making fatigue failures
a key limit to reliability [27]. Furthermore, unsteady loads are reflected in
large power output fluctuations [28], which result in over-dimensioned powertake-off systems [29] and in a lower operating rated power.
Carroll et al. [30] reported that, for wind turbines, blades, hub and gearbox
have the highest repair time and repair cost, and that blades repairs require
the highest number of technicians. However, the failure rate of wind turbine
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blades that require major replacements is so low that blades are not likely to
contribute significantly to overall Operation and Maintenance (O&M) costs.
Conversely, blades of axial-flow tidal turbines represent a major contributor to the maintenance cost of the device [31]. Operating in seawater can
cause a reduction of the blades design life of 1 − 3 years [32], and fatigue
failures of tidal turbines require divers to remove the blades, a dangerous
process that further raises the O&M costs [33]. Kennedy et al. [32] showed
that the blades of a tidal turbine equipped with a conventional pitch control
system can have 10% thinner laminates than the blades of a stall-regulated
turbine for the same fatigue design life. Advanced load mitigation strategies
could allow manufactures to design blade with less conservative safety factors, with significant savings in the amount of material used, which would
reduce considerably the production costs [34].
Given the harsh load conditions experienced by tidal turbines and the
high maintenance cost, it is essential to understand how to mitigate fatigue
loads to help manufacturers to design blades capable of withstanding a longer
life, which will ultimately reduce the Levelised Cost Of Energy (LCOE) and
enhance the competitiveness of tidal energy. I review the main strategies that
have been investigated to alleviate blade loading, drawing from both wind
and tidal industries. A passive load control mechanism is then proposed
as a method of alleviating blade fatigue generated by unsteady flow. Its
performances are investigated through numerical simulations and proof-ofconcept experiments.

1.3

Load control systems

Load fluctuations are most commonly mitigated by actively varying the turbine speed or by actively pitching the blades [35]. Individual pitch control
is typically the most advanced active control employed by commercial-scale
tidal and wind turbines and it’s capable of considerable reductions of the
blade fatigue loads [36–39]. Unfortunately, the effectiveness of these control
systems decreases with the size of the blade. With the scale-up to larger devices, the turbine diameter becomes closer to the size of the most energetic
5
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turbulent eddies in the flow stream [40], and the increase in the blade flexibility leads to higher aeroelastic coupling [41]. The system dynamics changes
and the blade experiences bending moments which may be too high to be
sustained using conventional blade design [42]. Moreover, there is a trade
off between the power that can be spent to actively control the rotor and
the highest frequency that can be mitigated. From the results of Barlas and
Lackner, Barlas et al. [43, 44], for example, pitch control is up to about 50
times slower than required to cancel up to the highest load fluctuations experienced by wind turbines. Therefore, different load-mitigating technologies
have been explored.

1.3.1

Actively controlled trailing edge flaps

Fast-actuated flaps, like those used on aircraft wings, could mitigate higher
frequency fluctuations [43–46]. Trailing edge flaps are indicated as the most
promising device, with performances comparable or greater than individual
pitch control [47, 48]. These devices allow for a local, distributed control
action over the blade, they have lower weight and power requirements, and
greater aerodynamic efficiency. Active control systems are preferred by the
wind industry due to the higher control over unsteady flow changes.
Bernhammer et al. [49] reviewed the effects of a trailing edge flap applied
to a wind turbine. A flap that covers about 10% of the chord and 5 − 30% of
the blade span is expected to reduce fatigue loads by 5.7 − 59%, depending
on the type of controller, size and positioning of the flap, and harshness of
the flow conditions, where strong turbulence and gusts correspond to poorer
performance. Similar results are confirmed by other authors and are summarised in Table 1.2. The flap performs better when there are no time lags
in the sensor or actuator systems [50], and loads are alleviated even when
the frequency of the disturbances is of the order of the natural frequency of
the model [51]. When applied to a turbine blade, the load alleviation performance of trailing edge flaps is lower compared to two-dimensional cases
due to the vortex-downwash at the flap edges caused by strong gradients in
the bound circulation in the span-wise direction [52]. A flap that covers a
larger portion of the blade span minimises this effect and is thus considered
6
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favourable. Although the performance on a turbine is lower than on a twodimensional airfoil, hub, shaft, nacelle and tower also benefit from fatigue
reduction [49, 53, 54]. Pitch control is also capable of mitigating deterministic 1P loads (i.e. occurring once per revolution), however, trailing edge
flaps are much more effective at alleviating the loads due to stochastic disturbances like the wakes of upstream turbines [55]. Even better results are
achieved when combining flaps with individual pitch control [56, 57].
All the studies found in the literature agree on the effectiveness of actively
controlled trailing edge flaps to reduce fatigue loads. They focus on the
optimisation of the flap size (chord-wise and span-wise), positioning along
the blade [47, 58, 59], and different control strategies [60–64]. The use of
active control systems for load mitigation is so well established that even
wear and tear of the actuators is taken into account for cost considerations
[65]. Overall, active trailing edge flaps, whether with a rigid or a compliant
structure, are shown to be a technology enabler for rotor upscaling thanks
to extreme and fatigue loads reduction [66, 67].

7

flexible

rigid
rigid

flexible

3D∗ exp
(non rotating)

2D∗ exp
∗

3D exp
(rotating)
3D∗ aeroelastic
simulation
(rotating)

Van Wingerden et al. [69]

Frederick et al. [70]

Castaignet et al. [71]

8
10% chord,
20% span

13% chord,
5% span

4% chord

50% chord,
12% span

environmental
wind

environmental
wind

vortex wake

turbulence

sinusoidal

turbulence

Disturbance

root bending
moment RMS −35%

root bending
moment 1p
amplitude −20%

lift RMS −79%

root strain 1p
amplitude −90%
root strain 1p
amplitude −37%, 3p −55%

normal force
std dev −81%

Load mitigation

Table 1.2: Effectiveness of active trailing edge flaps for unsteady load mitigation. (∗ 2D means two-dimensional, 3D means
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1.3.2

Passive trailing edge flaps

The cost of maintenance of both offshore wind and tidal turbines is a major
driver compared to onshore wind [73]. Hence, reliability is paramount [74]
and passive load control strategies would make simpler and more reliable
systems. However, only a few results can be found about passive flaps even
though it has been shown that they have similar gust-mitigating performance
of controlled flaps [75].
Bottasso et al. [76] proposed a passive flap actuation mechanism where a
mass is offset from the flap hinge such that if the blade accelerates in one
direction the flap deflects in the same direction (Fig. 1.1). The concept was
designed to mitigate vibrations and it reduced 1P, 2P and 3P loads over
a wide range of rotor speeds and wind speeds, with virtually no reduction
of power. The inertia-driven system might not be suited for tidal turbines
because of the greater added mass on the flap and the need of a rigid hinge
to couple the motion of the offset mass and the flap.

Figure 1.1: Schematic diagram of a passive flap actuation based on a (red)
counterweight (Bottasso et al. [76]).

Cordes et al. [77] developed an airfoil that features a rigid flap and hinged
leading edge (Fig. 1.2). The linkage system is such that both hinged surfaces
move up or down together. The motion is balanced by a torsional spring. The
idea is that the leading edge surface can sense the changes in pressure and
command the cambering/decambering of the foil through the linkage system
before the loads are affected. They showed that this “adaptive camber airfoil”
is capable of alleviating up to 60% of the load fluctuations due to large scale
turbulence, 20% of lift overshoots due to Mexican Hat gusts [78], and it can
9
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effectively reduce the effects of dynamic stall thanks to the upward rotation
of the leading edge which facilitates the disruption of intense leading edge
vortices [79].

Figure 1.2: Schematic diagram of the adaptive camber airfoil (Cordes et al. [77]).
The leading edge motion drives the deflection of the trailing edge.

These systems are smaller and therefore could have a faster response than
a whole blade pitching system, but they still require complex linkage systems
and bearings that are exposed to debris and biofouling, known to cause considerable drawbacks [80]. This additional complexities are seen by industry
as posing a risk to the turbine reliability. Most tidal turbines feature individual pitch control, however, some tidal companies such as Nova Innovation,
Nautricity and Schottel Hydro adopt fixed blade turbines to maximise reliability. Orbital Marine Power and SIMEC Atlantis Energy, which operate the
largest rotors, only use collective pitch control, which cannot mitigate fast
load fluctuations due to, for example, shear, turbulence, yaw misalignment,
etc. Simpler, more reliable systems are thus needed. Blades with passively
morphing trailing edge flaps are lightweight, have a quicker activation, no mechanical parts, and are less exposed to the environment, providing a better,
more robust alternative than conventional flaps [81, 82].

1.4

Morphing blades background

Last year, blades with built-in chordwise flexibility were identified by the
European Commission as one of the most promising concepts for reducing
the costs of the blades and the downstream components of turbines [83]. A
flexible trailing edge would provide the same performance of flaps, with fewer
components and no actuation mechanisms. Building blades that passively
10
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adapt to the flow conditions is not a new idea, and it dates back at least to
1978 [84], when the concept of aeroelastic tailoring was introduced.
The first example of adaptive blade was presented in 1978 by Cheney
and Spierings [85] for wind turbines and it is shown in Fig. 1.3. Their blades
featured a unidirectional composite spar which allowed for torsion at the root,
where the pitch motion is caused by the motion of a pendulum connected to
the blade. At rest, the pendulum lies outside of the rotation plane. As the
turbine speed increases, the centrifugal moment drives the pendulum towards
the rotor plane. Flapwise motions of the pendulum thus translate directly
into increase of the pitch angle of the blade (i.e. twist to feather). The
system worked as a passive pitch system to regulate the power at different
wind speed, and it improved the self-starting capabilities of the turbine.
Since the system is based on the anisotropic properties of composites, it is
considered the forefather of aeroelastic tailoring.

Figure 1.3: Schematic diagram of the first adaptive blade system (Cheney and
Spierings [85]). When the blade speed increases due to a gust, the greater centrifugal force moves the pendulum mass (red circle) towards the rotor plane, thus
increasing the blade pitch angle.

In 1981, Bottrell [86] developed a flexible rotor concept called “balancedpitch rotor”, where the blades of a two-bladed rotor shared the same spar
which was held by two sets of bearings and by two linear springs which
constrained the pitch motion. As the blades are connected, in the presence
11
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of wind shear or cross wind, the blade experiencing higher loads pitches
nose-down (i.e. twist to feather) and drives the lower blade into a nose-up
motion, balancing the loads across the rotor and minimising cyclic torque
fluctuations. The author did not provide any performance data. In 1988,
Karaolis et al. [87, 88] introduced the idea of biased composite lay-ups to
achieve twist coupling in response to blade bending or centrifugal loads. With
increasing wind speed the blade would twist to stall, therefore regulating
power generation. The concept was initially dismissed due to the difficulty of
predicting power in post-stall regimes and manufacturing limitations [84], but
it gained popularity from 1996 as a promising system to improve energy yield
and torque startup [89]. In the same period, the Dutch Flexhat programme
[90] investigated a system that uses a screw cylinder and a preloaded spring
to harness the centrifugal loads to passively pitch the blade tip to feather for
power control (Fig. 1.4). The concept was improved in 1998, when Joosse
and Berg [91] proposed the “TenTorTube”, where a composite tube replaced
the screw cylinder and the spring, to twist in response to centrifugal loads
caused by rotor speed changes.
A more recent example are the flexible blades designed by Cognet et al. [92],
where the blade flexibility was optimised to improve efficiency and harvested
power up to +35% for wind conditions typical of the North Sea, and extending the operating regime of the machine [93]. Several other designs have
been tested over the years [94, 95], and it has been investigated also for tidal
turbines [96, 97]. Although it was sometimes reported an improvement of
the fatigue life of the blades thanks to the blade embedded flexibility [84, 98],
the main focus has always been power control across the operational wind
speed range of the turbine [99–101].
Passive bend-twist coupling is currently adopted by Schottel Hydro, whose
70 kW turbines are 6.3 m in diameter. On the other hand, the higher loads on
SIMEC Atlantis Energy’s MW-scale tidal turbines are incompatible with the
flexibility required for passive twist. This mechanism primarily mitigates the
unsteady load at the tip, which is the major contribution to the torque and
thrust, but it does not prevent large flow separation occurring near the blade
12
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Figure 1.4: Schematic diagram of the passive blade tip (Kuik and Dekker [90]).
Under higher speed, the centrifugal force pulls the blade tip outwards, and the
screw cylinder twists it to feather.

root [8]. This results in less energy remaining available to the downstream
turbines, and thus to lower efficiency for compacted arrays. Smaller devices
are better suited for fatigue loads mitigation [43, 44].

1.5

Morphing blades for tidal turbines

To my knowledge, Tully and Viola [102] are the only ones who studied how
to alleviate unsteady loads on tidal turbines using passive morphing blades
for camber control. They compared the performance of two NACA 4415 airfoils, each with 0.15 m chord and 0.3 m span. The first airfoil was rigid and
the other was flexible, and their stiffness differed by more than 3 orders of
magnitude. The airfoils were tested at a nominal incidence of 10 deg (blockage ratio 4.3%) in a water flume at Reynolds 75000, 3% turbulence, and
opposing waves at 9 Hz that generated fluctuations of the angle of attack of
±12 deg. By comparing the loads measured with a load cell, they found that
a passively morphing blade is capable of reducing the angle of attack fluctu13
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ations and thus mitigating the amplitude of the fluctuations of the normal
force by more than 30%. Moreover, the morphing foil can reduce separation
and drag at high angles of attack, increasing the lift to drag ratio by more
than 25%. Their pioneering study showed the potential of passively morphing blades for unsteady load mitigation but it also highlighted some issues.
Both foils were tested in one flow condition and it is not known how the foil
performs in different conditions. The foil material determined the flexibility
which could not be tuned, or optimised for a different environment, without
replacing the foil altogether. Moreover, the experiments investigated a twodimensional flow field which differs significantly from the three-dimensional
flow field generated by a rotating turbine [9].

1.6

Summary of previous work and motivation

Unsteady load mitigation is a key feature to improve tidal turbines and to
enable their deployment on a wide commercial scale. Conventional load control systems are inadequate to alleviate the high frequency loads arising in a
tidal environment, but at present there is no proven alternative. The wind
industry suggests that the most promising option are trailing edge flaps to
provide lightweight, fast-acting load control, and the need for higher reliability prompts the use of passive, flexible materials rather than actuated, rigid
control surfaces. In this work, a blade featuring a flexible trailing edge for
load control purposes will be referred to as “morphing blade”. However, I
could find only one study (Tully and Viola [102]) that analysed the effectiveness of passively morphing blades to alleviate unsteady loads on tidal
turbines. Despite the encouraging results, the study was limited to one load
condition, and it did not provide an explanation of the governing physics.
Hence, I decided to investigate the underlying principles of load alleviation
through passive blade morphing and to optimise the system under different
load conditions.
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1.7

Scope of the PhD

I aim to answer the following research questions:
(1) What are the physical phenomena that underlie unsteady load alleviation by morphing blades?
(2) Which are the key factors of a practical implementation that can decrease their effectiveness?
(3) How does the system perform under different load conditions?
To address these questions, I developed a low-order model of a morphing
blade, identified the parameters that govern the system performance, and
performed proof-of-concept experiments using a 1:15 scale model turbine in
the wave tank at FloWave Ocean Energy Research Facility [103]. The code
was also used to inform the design of the tank-scale model, for the sizing of
the morphing mechanism.
The physical mechanism underlying load alleviation by morphing blades
is first introduced for the case of a turbine operating in shear flow, where
the load fluctuations are caused by the blade rotating through a steady,
non-uniform flow field. Devoid of the complexity of real tidal currents and
unsteady flow phenomena, this scenario can be reliably described by the proposed low-order model. The simplicity of the model allows to investigate
the first-order phenomena that determine load fluctuations and the effectiveness of morphing blades, which are identified in Chapter 3 as a correction
of the blade effective angle of attack in response to fluctuations of the onset
flow velocity and the resulting angle of attack and load variations. Once
the fundamentals of the morphing blade concept have been established and
the reader has gained confidence in the system performance, more realistic
scenarios are presented, to gain an indication of the capabilities of morphing blades in more complex, unsteady flows, despite the limits of the model
that neglects higher-order phenomena. This work focuses on the underlying
physical mechanism of load alleviation by morphing blades and it aims to
pave the way for future designs.
15
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1.8

Overview of the thesis

The rest of the paper is organised as follows. In chapter 2, I review different
numerical models found in the literature, to justify the method that I chose
to model morphing blades for tidal turbines. In chapter 3, I present the
morphing blade low-order model. In chapter 4, I describe the model inputs
and its validation respectively. Chapter 5 shows the numerical analysis of
the morphing blade model, how I optimised its load alleviation capabilities,
a parametric study of the effect of the morphing blade properties on the
system performance, and the potential load mitigation of morphing blades
on a turbine subjected to different load conditions. In chapter 6, I describe
the tank-scale model and the experimental equipment. In Chapter 7, I show
the results from the experiments, I discuss their validity and their limits. In
the conclusive Chapter 8, I summarise my findings.
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2
Literature on morphing blade models

To investigate the effects of morphing blades on tidal turbines, I develop a
low-order model. The main challenge is to integrate a morphing blade model
withing a tidal turbine model to obtain a simple, yet accurate, representation
of the underlying physics.

2.1

Turbine modelling

A simple model for tidal turbines is blade element momentum theory
(BEMT) [104]. It represents the effect of the whole rotor on the incoming
flow by applying axial and tangential induction factors, and it computes the
loads from the aerodynamics of the different blade sections. It considers
only the main physics and neglects higher order phenomena. Moreover,
it has a high degree of modularity. If needed, non-linear phenomena like
dynamic stall and returning wake can also be included (see for instance
[7, 9]). On the other hand of the spectrum, we find blade-resolved CFD
models. These models give the most accurate representation of the turbine
and allow to capture the finest details of the surrounding flow [105–107].
However, they are extremely expensive to run and they are suited for
detailed studies rather than repeated runs for parametric investigations. To
overcome the simplicity of BEMT and the cost of blade-resolved CFD, two
methods have been suggested. The simplest is a uniform actuator disk model
embedded in either Reynolds-averaged Navier-Stokes simulations (RANS)
or large eddy simulation (LES) as a momentum sink [108, 109]. Next is the
actuator line method [110]. This unsteady method is based on BEMT with
17
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a Navier-Stokes description of the flow field. It treats a blade as a line of
elements representing the blade profiles with their lift and drag coefficients.
The inflow is sampled at the quarter-chord of each element to compute
onset velocity and angle of attack. To model an entire wind farm, where the
interaction with the wakes of upstream turbines is paramount, the actuator
line method coupled to unsteady RANS or LES has become the standard
[111, 112]. Instead, where the relevant phenomena happen close to the
blade, this method is more expensive and no better than BEMT. Additional
methods have been developed to investigate turbines, like unsteady vortex
lattice methods [113, 114] and the asymptotic acceleration potential method
[115]. In vortex lattice methods the blade is discretised into panels with
associated vortex rings that provide the circulation. At each time step,
the circulation of the trailing edge panel is shed into the wake, and the
non-penetration condition is imposed on each panel at a collocation point.
The wake vorticity offers all the information needed to analyse the problem
physics, however, it can be computationally expensive and it tends to diverge
due to vortex singularities. The asymptotic acceleration potential method
solves the Poisson equation for pressure, assuming small perturbation of
the mean flow. It is fast to run but the flow field is modelled using linear
potential flow theory which does not suit well modelling of highly unsteady
flow conditions, thus it doesn’t offer significant advantages over BEMT.
BEMT is the most established industrial design tool which has been implemented in commercial softwares like Tidal Bladed (GL Garrad Hassan)
[116] and other advanced aeroelastic models like AeroDyn (NREL) [117],
DU SWAP (Delft University) [60], HAWC2 (Denmark Technical University)
[62], and Flex5 (Denmark Technical University) [118]. Advanced methods
allow to better capture details of the underlying physics, but the added computational cost and low versatility makes them less attractive than BEMT to
model tidal turbines. Knowing that it will be coupled with a second model
to represent a morphing blade, a simple, well established tool like BEMT is
my best option.

18
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2.2

Morphing blade modelling

In its broadest sense, a morphing blade is a wing or an airfoil that can
change camber, by virtue of a flexible trailing edge, a rigid flap, or any
mechanical reconfiguration of the wing shape. Several numerical models have
been proposed to represent morphing blades from an aerodynamic point of
view.

2.2.1

Early models from aeronautics

In 1935, Theodorsen [119] formulated one of the earliest models of a flat
plate with a rigid trailing edge flap, to investigate the mechanism of flutter on
aircrafts. His model is two-dimensional, it is based on potential flow, and the
plate is obtained by conformal transformation of a cylinder whose boundary is
represented by a distribution of sources and sinks of equal strength, whereas
the wake is represented by a continuous vortex sheet. Despite the complexity
of the mathematical model, Theodorsen offered a set of equations to compute
in closed form the loads due to harmonic motions of the plate, of the flap,
and harmonic fluctuations of the angle of attack. Theodorsen’s unsteady
aerodynamics model is still widely used thanks to its simplicity, it compares
very well with more advanced techniques like vortex lattice methods [120],
and it provides reliable results as long as the assumptions of thin-airfoil
theory are met (i.e. small mean angle of attack, attached flow) [121].
Using a different conformal transformation, in 1955, Keune [122] also modelled a flat plate with a deflected trailing edge. However, the model considered only static configurations.
During the 70s, with the rapid growth of civil and commercial aviation,
trailing edge flaps and leading edge slats received lots of attention and a
number of potential flow models were developed to predict their performance.
Williams [123] (1971) developed a potential flow model for two adjacent
lifting airfoils. The method considers two circles which are transformed into
airfoils via conformal transformations. Using the circle theorem [124], in
the presence of a streaming flow represented by a complex potential, the
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circle boundary is obtained by superimposing the complex potential of a
doublet, which represents the image system that ensures the non-penetration
condition. By adding a second circle representing the flap, its boundary is
defined by two image systems: one for the streaming flow and one for the
doublet representing the first airfoil. The process has to be repeated on the
first airfoil to consider the image systems for the flap, and so on. Williams
proved that each new set of images has decreasing strength, each series of
doublets converges, and the loop can be stopped after a certain number of
iterations. However, the process has to be repeated when the lifting vortex is
added to each circle to provide circulation. Although this method allows an
exact mathematical representation of a flapped airfoil, it is too complex and
expensive to be implemented in a BEMT code. Ives [125] (1976), building
on Garrick’s work on biplanes [126], presented a different strategy where the
incompressible flow between two concentric circles is used to calculate the
flow around an airfoil with a trailing edge flap. The method enables rapid
and accurate calculations, but the mapping of each airfoil to a circle requires
four different transformation, which would prove inefficient within a BEMT
code. In 1979, Halsey [127] presented a generalised procedure for potential
flow analysis of multi-element airfoil using conformal mapping. The method
allows to model any number of lifting surface by mapping of each airfoil into a
circle. Once again, the method requires to perform multiple transformations
on each airfoil. Moreover, Halsey highlighted how the mapping of one element
distorts nearby elements depending on how close they lie, which makes it
suitable only for configurations where the flap is detached from the airfoil.
In the same period, Katz and Weihs [128, 129] developed a potential flow
model to estimate the propulsive force of flexible foil representing a fish. They
considered a flat, flexible plate, and they compute the deformation using a
cantilever beam model. Their method computes the loads from the vortex
wake, which grows over time and makes the code computationally expensive.
In 1994, Leishmann [130, 131] expanded the work on flaps and unsteady
aerodynamics of Theodorsen [119]. As the original model worked only for
harmonic motions, Leishmann coupled it with Wagner’s indicial function
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concept [132] to study arbitrary motions of the flap in compressible and
incompressible flows, for helicopter applications. In 1995, Narkiewitz [133,
134] developed a similar method to account for arbitrary motions of the airfoil
and of the flap. The airfoil bound circulation is calculated as the sum of a
series where each contribution is associated to a Fourier component of the
onset velocity and computed using Theodorsen’s model.

2.2.2

Morphing blades models for wind turbines

In 2010, Gaunaa [135] presented an unsteady model of thin variable geometry airfoils for wind turbine applications. The model is an extension of
Theodorsen’s work, where the superposition of chord-wise deflection mode
shapes allows to represent any deflection of the camber line, as long as it is
small, instead of just a rigid flap as in the original formulation. It was later
improved to include dynamic stall modelling [136]. In first approximation,
the camber represents the curvature of the airfoil and it affects its angle of
zero lift, whereas local deformations are higher-order phenomena which are
relevant for the interactions they have with local flow features. Since the
purpose of my study is to capture first order phenomena that define the
mechanism of load alleviation by morphing blades, higher-order phenomena
like local foil deformations are here neglected. Therefore, Gaunaa’s model
has higher complexity, thus higher computational cost, whilst providing the
same insight on first-order phenomena as Theodorsen’s model.

2.2.3

High-fidelity models

To my knowledge, no other low-order models have been developed to study
morphing blades for wind or tidal turbines. CFD models have also been
proposed to investigate morphing trailing edges both for wind turbine applications [63, 137] and flapping foils applications [138, 139]. Although CFD
provides detailed results, embedding a two-dimensional (2D) CFD model
within a BEMT solver is meaningless. The accuracy of CFD results strongly
depends on the accuracy of the inputs which a BEMT code cannot provide,
resulting in a time-consuming tool and no better results.
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2.2.4

Flexible flapping foils

Following the work of Katz and Weihs [128, 129] more models have been
proposed to investigate the interaction of passive flexible foils with the surrounding fluid propulsion or power generation by flapping motion. Michelin
and Llewellyn Smith [140] developed a potential flow model where the wing
is represented by an elastic sheet clamped at the leading edge and heaved
harmonically. The surrounding flow is determined by a wake of vortices
which are shed once their circulation reaches a limit value, and that enforce
the Kutta condition at the trailing edge. The flexible sheet is modelled as
a Euler-Bernoulli beam, and it deforms in a non-linear fashion due to the
local pressure resulting from the induced velocities. Similarly, Alben et al.
[141–143] studied flag-flapping instabilities on a flexible sheet using a potential model where the relevant flow features are determined by a streak of
shed vortices. They also considered the non-linear contribution of viscous
boundary layer drag, an important component of the force balance in the
horizontal direction. Other models have been proposed, including non-linear
Euler-Bernoulli beam kinematics coupled with 2D unsteady panel method
[144], a distributed flexibility plate model coupled to immersed boundary
layer method [145], immersed boundary-lattice Boltzmann method applied
to an airfoil with thin, flexible trailing edge [146, 147], and viscous vortex
particle method coupled to the dynamics of two rigid bodies connected by a
torsional spring [148]. In all cases, the accurate modelling of the vortices in
the wake was paramount, as the position, speed and intensity of each vortex
determines the airfoil performance at extracting energy from the flow or propelling itself [149, 150]. The deformation of the foil is also described using
accurate, non-linear, thus complex models.

2.2.5

Revisiting conventional flaps and the impulse
method

The work of Wu [150] on vortex impulse was adopted in recent years to investigate non-linear unsteady aerodynamics [151, 152], wing-gust encounters
[153], and how to alleviate the gust generated loads using trailing edge flaps
[154]). Similarly to Theodorsen’s theory, loads are generated by circulatory
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and non-circulatory phenomena. Both contributions can be computed from
the knowledge of the “free” vorticity in the flow field (i.e. detached from
the wing), the bound vorticity, and their rate of change. When comparing the vortex impulse method to Theodorsen’s model, it has been found
that they both accurately predict experimental results [154]. As opposed to
Theodorsen’s model, the vortex impulse method does not rely on the hypothesis of attached flow, and it allows to compute different load contributions
even in highly separated flow conditions. However, it requires the knowledge of the vorticity field at all times, which has to be provided either by
experimental visualisations or by computing it using, for instance, a discrete
vortex method. Moreover, even if it violates its underlying assumptions,
Theodorsen’s model has shown considerable resilience in its lift prediction
capabilities in separated flow conditions [155, 156].

2.3

Overview of morphing blade model for
tidal turbines

My objective is to develop a low-order model to identify the first order phenomena that underlie load alleviation by morphing blades on tidal turbine
blades. Although several models have been developed for similar purposes,
I found that most of them are excessively accurate and resource demanding for the scope of my study. BEMT is a low-order, low-cost model whose
speed would be impaired by coupling it with an expensive morphing blade
model. I believe Theodorsen’s model is the most suitable to represent morphing blades. The model is the benchmark for unsteady aerodynamics and
is still widely used in its original form [157, 158] or with small adjustments
[7, 8, 135, 159]. Its strengths are that it provides closed form equations
for the unsteady loads on an airfoil which makes it ideal to couple with a
BEMT model for quick computations, it includes wake effects with no need
for time-consuming wake models, and its modularity allows to include additional models to refine the level of accuracy and to widen its applicability.
Additionally, although the model assumes harmonic disturbances, it is linear,
allowing for superposition of effects to represent complex flow conditions typ23
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ical of tidal environments. Details of the model are explained in Chapter 3,
and its capabilities are shown and validated in Chapter 4.
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3
Numerical method: how to model a
morphing blade

I present the numerical methodology for a turbine subjected to flow fluctuations caused by a modelled shear flow. Nonetheless, the method can be readily generalised for flow fluctuations induced by other sources, like turbulence,
waves and wakes, or for real flow conditions, as described in Section 5.5. The
specific flow conditions, the turbine properties, and the spatial and temporal
discretizations are introduced in Section 4.1.

3.1

Rigid Blade Model

I consider a 3 blades tidal turbine with a rotor diameter of 18 m (hub diameter 2.5 m, blade tip at R = 9 m from the rotor axis, blade length 7.75 m)
operating in a sheared velocity profile, at the constant, optimal tip speed
ratio of 4.5. The turbine hub is at 20 m from the seabed, the mean flow velocity at the hub is Uhub = 2 m s−1 , and the velocity profile varies with a 1/7
power law. While in reality the interaction of the turbine with freestream
fluctuations is a complex phenomenon which includes the response of the
turbine control system with its inherent delays, complex unsteady hydrodynamic phenomena like dynamic stall at the blade root causing large load
swings, elastic bending and twisting of the blades, and fluctuating spanwise
flow, in first approximation the effect of flow fluctuations can be described
by fluctuations of the inflow speed and subsequent angle of attack and load
variations at each blade section. Each blade experiences periodic onset flow,
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such that the inflow speed and the angle of attack are maximum for each
section when the blade is pointing upwards, and minimum when pointing
downwards. I employ Blade Element Momentum Theory (BEMT) to compute the local inflow conditions [104]. BEMT was developed for the analysis
of wind turbines and it doesn’t account for the flow confinement in a tidal
channel and the consequent blockage caused by a turbine. The water surface
is deformed, and a static pressure difference builds across the flow passage
causing power extraction efficiencies greater than the Betz limit [25, 160].
The effects are more pronounced for compacted arrays. Although it’s been
shown that the blade root bending moment increases with flow confinement,
despite the availability of models to account for the phenomenon [161], I consider it a second order phenomenon and I neglect it for the purpose of this
investigation. My focus is not to predict as accurately as possible the loads
and the power extracted but to provide compelling evidence that a morphing
blade can reduce the load fluctuations for any load condition.

Figure 3.1: Schematic diagram of a tidal turbine coordinate systems. On the
left, the side view shows the interaction of the turbine with a shear flow. On the
right, front view of the turbine.

BEMT computes the change in flow momentum for every annulus of radius
r and thickness δr as shown in Fig. 3.1. Radial flow is neglected. The
axial velocity experiences vertical variations due to the shearing caused by
the boundary effects of the seabed. The velocity profile of the free stream
velocity is described using a 1/7 power law and is given by
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U∞ (z) = Uhub

z

 17

zhub

,

(3.1)

where Uhub is the velocity at the hub height zhub from the seabed, and z
is the vertical coordinate. The 1/7 power law is commonly used to describe
the velocity profile across a turbulent boundary layer (Schlichting and Gersten [162]). It is often applied to tidal flow in coastal regions [163], and its
use is recommended by the UK Health and Safety Executive [164] to model
velocity profiles in coastal regions around the UK.
The turbine's power extraction mechanism is manifested by the fluid loads
acting on the blades in the form of a thrust force in the direction of the
incoming flow and torque that pushes the blades in the rotating motion.
On the other hand, the reaction of the blades on the fluid flow is such that
the thrust slows down the free stream axial flow and the torque induces a
rotating motion in the wake which is opposite to that of the turbine. These
two effects are considered by applying an axial induction factor a and a
tangential induction factor a′ to the incoming flow. The axial (Ux ) and
tangential (Uψ ) components of the flow speed relative to the blade sections
are depicted in Fig. 3.2 and they are computed following the approach of
Burton et al. [104] as

Ux = U∞ − aU ∞ ,
Uψ = ωr(1 + a′ ),

(3.2)

where ω is the turbine rotational speed and r is the section position along
the blade. U ∞ is the average upstream axial velocity seen by a blade rotating
in a shear flow and is defined as

U∞

1
=
2π

Z

2π

U∞ d ψ,

(3.3)

0

where U∞ = U∞ (z) and z, in turns, depends on the polar coordinate ψ
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Figure 3.2: Flow velocities and forces acting on a 2D blade section.

(Fig. 3.1).
From the vectors shown in Fig. 3.2, the flow relative to the blade is obtained
as
q
U = Ux2 + Uψ2 ,
 
Ux
−1
ϕ = tan
,
Uψ

(3.4)

where U is the magnitude of the relative flow speed experienced by the
blade section and ϕ is the inflow angle (Fig. 3.2). Let β0 be the twist angle
of a blade section, the angle of attack is

α = ϕ − β0 .

(3.5)

Aerodynamic theory [165], shows that the lift L and the drag D are approximately proportional to the dynamic pressure (ρw U 2 /2) and the chord
of the blade,
1
L = ρw U 2 cCL ,
2
1
D = ρw U 2 cCD ,
2
28

(3.6)

Chapter 3. Numerical method: how to model a morphing blade
where ρw is the water density, c is the foil's chord, CL and CD are constant
and known as lift and drag coefficients, respectively.
The pressure jump across the rotor is equalised towards the blade tip due
to tip vortex, and the effect is accounted by a tip loss correction factor.
Prandtl’s tip loss enables a more realistic modelling of the flow physics than
a purely two-dimensional formulation [104]. Studies have shown that loads
can be predicted with greater accuracy when considering how the spanwise
flow changes near the tip [166, 167] which are not accounted by Prandtl’s
method, or by recalibrating the tip correction factor using data from blade
resolved simulations [168]. However, these corrections are typically used for
high fidelity simulations, and for the sake of simplicity I did not implement
them. I compute the tip loss factor following Burton et al. [104] as

F̂ =

2
cos−1 (e−f ),
π

(3.7)

Nb 1 − r
,
2 r sin ϕ

(3.8)

where

f=
and Nb is the number of blades.

The BEMT algorithm evaluates the induction factors with an iterative
procedure that uses the mean loads acting on each section. I define the
mean inflow conditions as
q
2
U = U x + Uψ2 ,
 
Ux
ϕ = atan
,
Uψ

(3.9)

where U x = U ∞ (1 − a). The average angle of attack experienced by each
section is

29

Chapter 3. Numerical method: how to model a morphing blade

α = ϕ − β0 .

(3.10)

The mean loads are computed from Eq. 3.6 for U = U . Coefficients CL (α)
and CD (α) are initially evaluated with a = 1 /3 and a′ = 0 for each section.
The resulting lift and drag are then used to update the values of the induction
factors
2

!−1

a=

4πrF̂ sin ϕ
+1
Nb c(CL cos ϕ + CD sin ϕ)

a′ =

!−1
4πrF̂ sin ϕ cos ϕ
−1
.
Nb c(CL sin ϕ − CD cos ϕ)

,
(3.11)

The procedure is repeated until a, a′ , CL and CD converge. When the
induction factor a is greater than 0.4, BEMT does not provide reliable data
[104, 169]. This happens as a heavily loaded rotor becomes more impervious
to the flow, forcing separation at the edge of the rotor. The high static
pressure on the upstream side and the low pressure zone behind the rotor due
to separated flow further increase the static pressure jump across the rotor
and thus the thrust [104]. A first empirical correction to account for this effect
was presented by Glauert [170], but I used the empirical formula developed
by Buhl [171], which provides better results when a tip loss correction is
employed [169].
The performance of the turbine is evaluated in terms of the nondimensional power and thrust coefficients. For a blade section, they are
respectively defined as

CP2D =
CT2D

P 2D

,
1
3
2D
ρw Uhub A
2
T 2D
=
,
1
2
2D
ρw Uhub A
2
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where A2D = 2πr is the perimeter swept by the blade section at spanwise
position r, and the thrust T 2D and the power P 2D are
T 2D = L cos ϕ + D sin ϕ,

(3.13)


P 2D = ωr L sin ϕ − D cos ϕ .

For a turbine's blade, these coefficients are computed respectively as
P
,
1
3
ρw Uhub
A
2
T
CT =
,
1
2
ρw Uhub
A
2

CP =

(3.14)

P 2D
where A = πR2 is the area swept by the turbine, T =
i Ti δri and
P 2D
P = i Pi δri , for i = 1...N , where δri is the thickness of the section and
is chosen sufficiently small to ensure the desired accuracy.

3.2

Morphing Blade Model

Rotor plane

Figure 3.3: Morphing blade concept. Part of the blade can bend to mitigate
inflow fluctuations.

The blade can bend its trailing edge to mitigate the changes in the flow
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Spring at rest

Rotor plane

Figure 3.4: Morphing blade model. The flexibility is modelled by a torsional
spring.

incidence, thus alleviating the load fluctuations. Let’s assume that the loads
on a blade section result in the elastic deformation of the foil as shown
in Fig. 3.3. In first approximation, such geometric variation changes the
effective angle of attack of the original foil. Therefore, the shape deformation
is analogous to the pitch rotation of a rigid foil, and its flexibility can be
modelled by a torsional spring with constant properties that controls the
pitching motion of the blade (Fig. 3.4). The angular position of the blade is
thus determined by the balance of the moments acting along the pitch axis.
The analysis is carried out for two different scenarios. Firstly, I consider
a blade where there is no interaction between the sections such that each
section moves independently from the others (Fig. 3.5a). This condition is
representative, for example, of a blade made of a flexible material with a
very low shear modulus, such that the shear stresses between the sections
are negligible. The blade flexibility is represented by a torsional spring for
each section, and the deflection of each section is determined by the local
flow conditions. This model is described using a 2D analysis in Section 3.3,
and it is optimised for each section of the blade, to allow the same mean load
as the rigid foil and to minimise the fluctuations.
Secondly, I consider a blade where all sections experience the same de32
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(a) Each section moves independently.

(b) All the sections deflect together.

Figure 3.5: Morphing blade models.

flection along the span (Fig. 3.5b). As opposed to the previous scenario,
this model could represent a blade material with a very high shear modulus. Therefore, the stresses caused by the external loads are efficiently redistributed along the blade such that each section deforms by the same amount.
The blade deflection is thus seen as a rigid rotation with the flexibility concentrated at the root of the blade. This flexible connection is modelled with
a torsional spring placed at the root that adds a variable pitch angle δθ to the
rigid blade twist angle β0 . This condition is presented in Section 3.4, where
the entire blade is considered, and the spring’s parameters are optimised to
minimise the fluctuations in the root bending moment without reducing the
average power extracted. In Section 3.5, I extend such model to include the
dynamics of the blade and the unsteadiness of the flow, to check the robustness of the optimal system when the blade dynamics are considered, and to
investigate the effect of the blade inertia, the unsteady hydrodynamics and
the blade mechanical damping on the performance of the morphing blade.
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3.3

Quasi-steady Analysis of a Morphing Foil

I assume that each section can move independently from the others
(Fig. 3.5a), such that every blade section can be optimised separately. The
section angular position is determined by balancing the moments acting
along its pitch axis. There are two moments that compete to determine the
angular position of a blade section: the reaction of the spring

Ms2D = −κ2D θ,

(3.15)

where θ is the spring strain and κ2D is the spring stiffness of a 2D section,
and the hydrostatic pitching moment
1
2D
Mqs
(3.16)
= ρw U 2 c2 CM (α).
2
The blade pitches around the point at the chordwise coordinate x̂A = 0.1c
from the leading edge of each section. Although the position of pitch axis
seems practically not feasible due to the minimal space left near the leading
edge to install a pitching mechanism, I will show in Chapter 6 that only minimal changes at the blade root are needed to realise the system. Moreover,
the model developed in this work is representative of a morphing blade capabilities without claiming to be how a morphing blade should be practically
realised. In fact, a morphing blade is envisioned as a continuously deforming
surface with no discontinuities and no need for a physical pitch axis within
the blade. The moment coefficient CM is obtained from the quarter-chord
moment coefficient CM1/4 by adding the moment contributions of lift and
drag with respect to the pitch axis position x̂A , and is computed as

CM (α) = −CM1/4 −

1 d
+
2 b



1
[CL cos(α) + CD sin(α)] ,
2

(3.17)

where the location of the pitch axis is indicated with d (following
Theodorsen’s notation [119]), such that the distance of the pitch axis from
the mid-chord is d = −0.8b, where b = c /2 . CM is positive in the clockwise
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direction according to the sign convention in Fig. 3.4.
Since the passively controlled system works around the average flow condition for the rigid turbine (i.e. α(t) ≈ α), the hydrostatic pitching moment
is linearised as

CM (α) = CM,0 + CM,α α,

(3.18)

where CM,0 and CM,α are the best fitting linear regression coefficients of Eq. 3.17 over a 6 deg range of angle of attacks (i.e.
α ∈ [α − 3 deg , α + 3 deg]). Equation 3.16 is thus rewritten as


1
2D
Mqs
= ρw U 2 c2 CM,α α + CM,0 .
2

(3.19)

The quasi-steady equations for the foil in Fig. 3.4 are


2D
2D


Ms + Mqs = 0

(a)

ϕ(t) = β(t) + α(t) (b)



β(t) = β0 + δθ(t) (c)

(3.20)

where β is the blade pitch angle and δθ(t) = θ(t) − θ0 .
The optimisation problem consists in finding the morphing blade that minimises the flapwise bending moment fluctuations on the blade over its revolution, with the requirement that the mean power extracted from the flow is
the same as for the rigid turbine. For a 2D foil, the condition on the average
power is restricted to the power generated by a single section of the blade
and I attempt to minimise the fluctuations of the thrust acting on the section
∆CT2D , as it ultimately contributes to the fluctuations of the flapwise bending
moment. Hence, in 2D the optimisation problem is
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ˆ 2D ) = ∆CT2D
min J(κ
κ2D

(3.21)

2D

∂C P
= 0,
∂κ2D

s.t.
where

2D
CP

1
=
2π

Z

2π

CP2D d ψ.

(3.22)

0

The problem is solved using an exhaustive search algorithm.
I approximate the average power extracted with the power generated by

average flow conditions, namely C P ≈ CP α, U . The average flow conditions α(t) = α and U (t) = U , thus constant power generation, are achieved
for a constant pitch angle β(t) = β0 . The requirement, β(t) = β0 , is satisfied
with a spring extended by θ(t) = θ0 where
1
2
θ0 = ρw U c2
2



CM,α α + CM,0
κ2D


.

(3.23)

θ0 will be referred to as the preload of the spring. The angle of attack
is evaluated from the Eq. 3.20a where the expression for θ is obtained by
combining Eq. 3.20c with δθ = θ−θ0 . The expression for α is then rearranged
to

κ2D ϕ(t) − β0 + θ0 − 21 ρw c2 U 2 CM,0
α(t) =
.
κ2D + 21 ρw c2 U 2 CM,α

(3.24)

It’s noted that the equation for α is consistent with the definition of the
angle of attack for a fixed foil, in fact

lim α = ϕ − β0 .

κ2D →∞
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The spring deformation θ is evaluated by substituting Eq. 3.20c in
Eq. 3.20b, such that

θ(t) = ϕ(t) − α(t) − β0 + θ0 .

(3.26)

For a given value of κ, all the required quantities can be computed and
the loads are assessed.
The results for a 2D section will be shown over a range of the nondimensional spring stiffness

Γ=

κ2D
ρw c2 U

2.

(3.27)

Γ is the ratio between the two-dimensional stiffness and a representative
hydrodynamic moment. The latter is taken as the product of the hydrody2
namic force ρw U c and the arm c.

3.4

Quasi-steady Analysis of the 3D Morphing Blade

In this section, I study a morphing blade where the blade deflection at every
spanwise position is the same. The blade morphing is seen as a rigid rotation
around the pitch axis and its flexibility is modelled as a torsional spring
mounted at the root of the blade (Fig. 3.5b). I study the impact of the
proposed passive pitch system for a rigid blade pitching around an axis at
the chordwise coordinate x̂A = 0.1c, rotating at the optimal tip speed ratio
λ0 = 4.5 for a far-field speed Uhub = 2 m s−1 at the hub height zhub . The
pitching equilibrium is again dictated by the spring reaction and by the
hydrostatic loads. The spring acts as a lumped, flexible connection between
the blade and the hub and its moment reaction is
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Ms = −κθ.

(3.28)

The hydrostatic moment Mqs takes into account the sum of the moments
applied on each i-th section of the blade, and is computed as

Mqs =

X1
i

2

ρw Ui (t)2 c2i CMi (αi )δri .

(3.29)

The quasi-steady equations that describe the motion of the blade are



(a)

Ms + Mqs = 0
ϕi (t) = βi (t) + αi (t) (bi )



βi (t) = β0 + δθ(t)
(ci )
i

(3.30)

The optimisation problem is stated similarly to the 2D section case. However, since the entire blade is considered, the minimisation is imposed on the
out-of-plane blade root bending moment coefficient CRBM , whereas the constraint considers the power generated by the entire blade. The optimisation
problem is stated as
ˆ
= ∆CRBM
min J(κ)
κ

(3.31)

∂C P
=0
∂κ

s.t.
where
1
CP =
2π

Z

2π

CP (ψ) d ψ,

(3.32)

0




1
2
and ∆CRBM is the amplitude of CRBM = MRB /
ρw Uhub RA , with
2
P
MRB = i ri Ti2D δri the blade root out-of-plane bending moment.
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The optimisation problem is solved using an exhaustive search approach.To
meet the requirement of constant power extracted, the spring preload is computed similarly to the two-dimensional case as

θ0 =

1X1
2
ρw U i c2i (CMi ,α αi + CMi ,0 )δri .
κ i 2

(3.33)

By combining Eq. 3.30 with δθ = θ − θ0 I compute the spring deformation
θ at each time step as
1
2 2
i 2 ρw ci Ui

P
θ(t) =

(CMi ,α (ϕ(t) − β0 + θ0 ) + CMi ,0 ) δri
P
.
κ + i 12 ρw c2i Ui2 CMi ,α δri

(3.34)

Then, using the complementarity of angles (Eqs. 3.30bi , ci ), the angle of
attack is determined as

αi (t) = ϕi (t) − β0i − θ + θ0 .

(3.35)

Using the above equations for θ and α and the preload θ0 , all the loads
acting on the blade can be computed.

3.5

Dynamic Analysis of the 3D Morphing
Blade

I consider a hollow blade made of composite layers then filled with water Bir
et al. [172]. The inertia J 2D of each blade section is obtained by

J

2D

Z
= ρs

Z

2

AB dΩ + ρw
Ωs

2

AB dΩ,

(3.36)

Ωw

where ρs and ρw are the density of the blade shell and the density of water
respectively, Ωs is the area of the blade shell on the section, Ωw is the area
occupied by the water within and AB represents the relative position of a
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generic section element from the pitching axis (Fig. 3.6). A blade usually
presents a box spar for structural reasons. Since the spar is placed very close
to the pitch axis, it has little influence on the blade inertia and its torsional
dynamics, and it is therefore neglected. The inertia J of the entire blade is
then computed as

J=

X

Ji2D δri ,

(3.37)

i

for i = 1...N , with N the number of equally spaced blade sections.

Figure 3.6: The blade is composed by a composite shell filled with water.

The blade rotates around the rotor axis with angular velocity ω. This leads
to the Euler force F Eu = −m dω
∧ r, the Coriolis force F Co = −mω ∧ dr
and
dt
dt

the centrifugal force F c = −mω ∧ ω ∧ r . In this case, the Euler force
disappears because I consider a constant rotation rate ( dω
= 0 ). The
dt
Coriolis force is also equal to zero because solid points on the blade do not
move radially ( dr
= 0). Conversely, there is a component of F c that lies
dt
in the section plane which generates a pitching moment (Fig. 3.7). For a
generic point B on a blade section, this force, F B
c , generates a moment
B
B
M c = AB ∧ F c,ψ that tends to align the blade with the rotor plane.
The centrifugal moment is evaluated for each section as
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Figure 3.7: A generic small element of a section that does not lie on the pitch
axis is subjected to a centrifugal moment M B
c .

Mc2D (β)

Z
1 2
2
= − ω ρs
AB sin(2(β + γ)) d Ω
2
ZΩs
1 2
2
− ω ρw
AB sin(2(β + γ)) d Ω,
2
Ωs

(3.38)

where β + γ is the angular distance of a blade element from the rotor axis
(Fig. 3.6).
A Taylor-Young first-order expansion is used to approximate the centrifugal moment as

Mc2D

≈

Mc2D (β0 )

∂Mc2D
+
δβ.
∂β
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This approximation is valid as long as β ≈ β0 , a condition that is met
by imposing the requirement of constant power generated (Eq. 3.31). By
construction, δβ ≡ δθ (Fig. 3.4). Hence, Eq. 3.39 is rearranged to make
explicit the dependency of the centrifugal moment to the spring deformation.
The centrifugal moment acting on the entire blade is

Mc ≈

X

(Mci ,0 + Mci ,θ δθ) δri ,

(3.40)

i

where Mc,0 = Mc2D (β0 ) and Mc,θ =

∂Mc2D
.
∂θ

The preload angle is computed for average flow conditions, and pitch angle β(t) = β0 . Under these conditions, the centrifugal moment is the only
dynamic contributions to the preload angle. Equation 3.33 is thus modified
as


1X 1
2 2
θ0 =
ρw U i ci (CMi ,α αi + CMi ,0 ) + Mci ,0 δri .
κ i 2

(3.41)

A detailed calculations of the centrifugal and inertial terms on a rotating
blade can be found in centforces.
The contribution of the gravity force is neglected. The composite blade
shell is filled with water [172], the density of the whole blade is assumed
to match that of the surrounding water, and the gravitational force is in
equilibrium with the buoyancy force.

3.5.1

Unsteady Hydrodynamics

The oscillations due to the shear flow are periodic but not harmonic, and to
estimate the dynamic loads acting on the blade using Theodorsen’s theory, I
have to consider sinusoidal variations of the angle of attack. I determined the
fluctuations of the axial velocity (Ux ) such that the angle of attack would fluctuate harmonically with the same amplitude and the same mean value as the
inflow oscillations due to the shear profile (Fig. 3.8). This procedure can be
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Figure 3.8: The fluctuations of the angle of attack are approximated by a sinusoidal shape (shown here for r = 0.75R).

readily extended to generic inflow conditions, where the signal is decomposed
in its Fourier harmonic components, and their effects are superimposed via
Theodorsen’s linear theory. The variations in the angle of attack and in the
axial velocity lead to additional pitching moment contributions. Following
Theodorsen, the moment on a 2D foil pitching sinusoidally is

2D
Mdy

"

 2 ! #
d
= ρ w b3 π
U δ α̇ + b
δ θ̈
b




1 d
1 d
3
+
C(k)
−
δ θ̇
−2ρw U b π
2 b
2 b
1
+ ρw U 2 c2 CM,α C(k)δα
2
1
+ ρw U 2 c2 [CM,α α + CM,0 ] ,
2
1 d
−
2 b



1
+
8

(3.42)

where δα = α − α, C(k) is Theodorsen’s circulation function that us
expressed in terms of Hankel functions of the reduced frequency k = ωb
. The
U
unsteady pitching moment for the whole blade accounts for the contributions
of each section and it is computed as
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Mdy =

X

2D
δri ,
Mdy
i

(3.43)

i

The aerodynamic lift L for the quasi-steady analysis accounts only for the
hydrostatic loads (Eq. 3.6) whereas, in the dynamic analysis, it accounts for
both the dynamic and the hydrostatic contributions and is computed as

L = πρw b

2





  
1 d
d
2
δ θ̈ + 2πρw U b C(k)
−
δ θ̇
U δ α̇ − b
b
2 b
1
+ ρw U 2 c [C(k)CL (α) + (1 − C(k)) CL (α)] .
2

(3.44)

The dynamic equations for the blade are




Ms + Mc + Mdy − µδ θ̇ = Jδ θ̈
ϕi (t) = βi + αi (t)



βi (t) = β0 + δβi (t),
i

(a)
(bi )

(3.45)

(ci )

where µ is a parameter that accounts for the mechanical damping of the
blade.
2D
The sectional hydrodynamic torque Mdy
is a function of the average angle
i
of attack αi and of its fluctuations δαi (Eq. 3.42). Using the complementarity
of the angles in Eqs. 3.45bi and 3.45ci , it is possible to express δαi as a
function of δθ, and to obtain an expression for the blade hydrodynamic torque
in Eq. 3.43 which depend only on δθ and its first and second time derivative.
By substituting Eqs. 3.28, 3.40, 3.43 into Eq. 3.45a, the morphing blade
dynamic equilibrium is formulated as:
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!

!
J−

X

Iami δri

δ θ̈ +

X

µ+

i

c
nc
δri
− Cam
Cam
i
i



δ θ̇

i

!
X

+ κ+

(Kami − Mci ,θ ) δri

δθ

(3.46)

i

=

X

nc
Cam
δ ϕ̇i
i

+ Kami δϕi +

2D
Mqs
(ϕi
i



− β0i ) + Mci ,0 δri − κθ0 ,

i

where
 2 !
1
d
Iam = ρw b4 π
+
,
8
b



d
1 d
c
3
Cam = −ρw U b π
−
1+2
C(k),
2 b
b


1 d
nc
3
Cam = −ρw U b π
−
,
2 b
1
Kam = ρw U 2 c2 CM,α C(k),
2
1
2D
Mqs
(α) = ρw U 2 c2 [CM,α α + CM,0 ] ,
i
2

(3.47)

The fluctuations are defined by δϕ = ∆ϕ
exp(jωt) and δα = ∆α
exp(jωt),
2
2
where ∆ϕ and ∆α represent the amplitude of the fluctuations of the respective angles and j is the imaginary unit. The blade is expected to oscillate with
the same period, namely δθ = ∆θ
exp(jωt + χ). By substituting δ θ̇ = jωδθ,
2
2
δ θ̈ = −ω δθ, δ ϕ̇ = jωδϕ and δ ϕ̈ = −ω 2 δϕ, Eq. 3.46 is rewritten as
"

!

!
− ω2

J−

X

Iami δri

+ jω µ +

X

i

nc
c
δri
Cam
− Cam
i
i



i

!#
+ κ+

X

(Kami − Mci ,θ ) δri

δθ (3.48)

i

=

X

nc
jωCam
i



+ Kami δϕi +

2D
Mqs
(ϕi
i


− β0i ) + Mci ,0 δri − κθ0 .

i
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The dynamics of δθ are determined by the algebraic solution of Eq. 3.48
for each time step and the equilibrium position of the blade is computed as
θ = θ0 + δθ. The solution method is inspired by the work of medina2018lift.
The optimisation problem is defined as for the quasi-steady case (Eq. 3.31),
where the loads account for the unsteady contributions described in Eq. 3.44.
The angle of attack is determined as for the quasi-steady analysis using
Eq. 3.35, hence all the loads acting on the blade can be computed.
In the Results (Sections 5.2, 5.3), I present the spring stiffness κ and the
material damping µ in terms of the nondimensional coefficients
κ

,
2
ρw Uhub
Ac
µ
.
Cµ =
ρw Uhub Ac2
Cκ =

(3.49)

Akin to Γ, also Cκ and Cµ are made nondimensional using a hydrodynamic
force and the length scale c. Here, the force is that acting on the rotor disk
2
A. It is noted that both the coefficients are
and it is proportional to ρw Uhub
based on the force on the rotor disk and do not account for the hydrodynamic
force associated with the tangential velocity. Hence, as the tip speed ratio
increases, the optimum κ and Cκ are expected to increase to match the higher
hydrodynamic force associated with the rotation.

3.6

Real inflow conditions

To verify whether the proposed morphing blade concept can be effective in
mitigating unsteady flow conditions, I test the performance of the model using real inflow conditions. The inflow data was acquired at the EMEC tidal
test site during field measurements campaigns conducted by the University
of Edinburgh for the ReDAPT project (2011-2015). Environmental data acquired up to October 2014 is publicly available at the UKERC Energy Data
Centre UKERC [173]. For this study, I use a flow sample measured at EMEC
during a flood tide on 22 November 2014. This sample was originally chosen
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by Scarlett et al. [8] to investigate numerically the unsteady hydrodynamic
response of the Tidal Generation Limited (TGL) turbine subjected to large
waves and opposing current. The significant wave height in the sample is
4.2 m, the maximum observed height is about 5 m, and the wave period is
10 s. The turbine is operating at the optimal tip speed ratio 4.5, the magnitude of the inflow speed averaged over the area and the sample time period
is 2.77 m s−1 , and the rotational speed of the turbine is ω = 1.38 rad s−1 .
Further details about the measured flow conditions and the measurement
system are found in Scarlett et al. [8].

3.6.1

Fourier decomposition of generic inflow

The blade deflection at every spanwise position is computed in a similar
fashion to what described in Section 3.4, the blade flexibility is modelled
as a torsional spring mounted at the root, and the blade pitches around
an axis at the chordwise coordinate x̂A = 0.1c. The pitching equilibrium
is described using the quasi-steady analysis in Eq. 3.30 and the unsteady
analysis in Eq. 3.45. To use Theodorsen’s unsteady aerodynamic theory, the
inflow fluctuations must be harmonic and for each section it is approximated
using a series of Fourier components, instead of a single sinusoid like in the
simpler case of shear flow. The amplitude of the fluctuations is defined for
each section as

δϕ =

Nk
X
∆ϕk
k=1

2

exp(jωk t + χk )

(3.50)

exp(jωk t + χk ),

(3.51)

and

δα =

Nk
X
∆αk
k=1

2

where Nk is the number of Fourier components considered, ∆αk and ∆ϕk
are the amplitudes of each component, and the period of the slowest harmonic ω1 corresponds to the length of the inputs time series (i.e. 56 rota-
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tional periods). Figure 3.9 shows the time history of the angle of attack at
the blade spanwise position r/R = 0.75, over 10 rotational periods Tr , and
the approximated signal using Nk = 50, 100 and 150 Fourier components.
The main source of unsteadiness is due to low-frequency waves, which are
well approximated in all three cases. Increasing the number of Fourier components improves the approximation of high frequency components which
carry less energy and are thus less important. The series converges slowly,
the computational cost rises rapidly, and the approximation improves less
and less with each additional Fourier component. The unsteady simulations
presented in Chapter 5 are run using Nk = 100 Fourier components, which
allow to capture phenomena with twice the rotational frequency of the turbine.

Figure 3.9: Time history of the angle of attack at r/R = 0.75. Graph shows
original signal (blue line), and signal approximated using 50 (red dashed line), 100
(green dot-dash line), and 150 (purple dotted line) Fourier components respectively.

To solve the pitch dynamics, Eq. 3.48 is rewritten as
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"

!
− ωk2

J−

X

Iami δri

+ jωk

µ+

X

i

!



c
nc
− Cam
δri
Cam
i
i,k

i

!#
+ κ+

X



Kami,k − Mci ,θ δri

δθk

i

=

X

nc
jωk Cam
i



+ Kami,k δϕi,k +

2D
Mqs
(ϕi
i



− β0i ) + Mci ,0 δri − κθ0 .

i

(3.52)
and it is solved for δθk for each Fourier component (k = 1 : Nk ). The total
P k
blade deflection is obtained as δθ = N
k=1 δθk . The lift is computed for each
section as

L=

Nk
X
k=1

πρw b

2






 
1 d
d
2
−
δ θ̈k + 2πρw U b C(kk )
δ θ̇
U δ α̇k − b
b
2 b

(3.53)

1
+ ρw U 2 c [C(kk )CL (α + δαk ) + (1 − C(kk )) CL (α)] .
2
The optimisation problem is defined in Eq. 3.31 and solved using an exhaustive search algorithm varying the input spring stiffness. For any stiffness,
the preload is computed using Eq. 3.33. The optimum is represented by the
stiffness and preload that minimise the fluctuations of the out-of-plane blade
root bending moment CRBM , whilst keeping constant the average power generated by the turbine.
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4.1

Input parameters

The aerodynamic coefficients CL , CD for the blade sections profiles are taken
from Gretton and Ingram [174] for a Reynolds number Re = 3 × 106 which
matches the flow on a full-scale tidal turbine. The shape of the blade sections
is the NACA 63(318) −4xy, based on the NACA 6−series designation given by,
for instance, Abbott and Von Doenhoff [175]. The thickness xy in percentage
of the foil chord varies from the NACA 63(318) − 455 near the root to the
NACA 63(318) − 418 at the blade tip. An overview of the blade geometry is
showed in Fig. 4.1 and data is provided in Table 4.1. The blades are thicker
at the root, which results in a smooth force variation near the stall angle.
For the blade sections with thickness up to 40%, the foil characteristics are
interpolated from the data provided by Gretton and Ingram [174]. Instead,
for thicker sections, the CL and CD of the 40%-thick section are used.
The quarter-chord pitching moment CM1/4 , which is not provided by Gretton and Ingram [174], for all sections is that of a NACA 633 − 418 (Fig. 4.2),
taken from Abbott and Von Doenhoff [175]. The parameters used in the
simulations are resumed in Table 4.2.
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Figure 4.1: TGL blade geometry adapted from Gretton and Ingram [174].

Figure 4.2: Quarter chord pitching moment coefficient for a NACA 633 − 418 as
a function of α, at Re = 3 × 106 . Data taken from Abbott and Von Doenhoff [175].

4.2

Code Validation

The low-order code is validated for different aspects that determine the results accuracy. First, the predictions of average turbine loads and blade load
distributions are compared to experimental results over a range of operating conditions to verify that the code can reliably predict the loads on an
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Radius [m]

Twist [deg]

Chord [m]

Thickness ratio

Profile

1.25
2.05
2.45
2.85
3.25
3.65
4.05
4.45
4.85
5.25
5.65
6.05
6.45
6.85
7.25
7.65
8.05
8.45
8.85
9

32.5
23.2
19.9
17.2
14.9
13.1
11.5
10.2
9.1
8.1
7.2
6.4
5.8
5.2
4.6
4.2
3.7
3.3
3.0
2.8

1.612
2.271
2.119
1.962
1.813
1.677
1.556
1.447
1.351
1.265
1.189
1.120
1.058
1.003
0.953
0.907
0.865
0.827
0.792
0.600

1.000
0.550
0.533
0.511
0.485
0.454
0.422
0.390
0.359
0.330
0.306
0.286
0.275
0.267
0.255
0.243
0.227
0.208
0.188
0.180

Circle
63(318) − 455
63(318) − 453
63(318) − 451
63(318) − 449
63(318) − 445
63(318) − 442
63(318) − 439
63(318) − 436
63(318) − 433
63(318) − 431
63(318) − 429
63(318) − 427
63(318) − 427
63(318) − 426
63(318) − 424
63(318) − 423
63(318) − 421
63(318) − 419
633 − 418

Table 4.1: Blade geometry.

horizontal-axis turbine. A comparison is thus presented with the results of
Gretton and Ingram [174] to cross-check that the turbine geometry, the inflow conditions, and the operating conditions are implemented correctly for
the scenario considered in Chapter 5. Then, the unsteady load prediction
capabilities are validated against experimental and numerical results from
the literature to justify the use of unsteady load model over a quasi-steady
model, and finally the load-mitigating performance of the passive morphing blade are validated against numerical results to show that the model is
capable of modelling a morphing blade.
The prediction of the turbine average loads are validated against the experimental results from NREL-NASA Unsteady Aerodynamic Experiment
(UAE) phase 6. The purpose of the experimental test campaign was to ac-
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Blade section
r = 0.5R
Mean angle of attack α [deg]
9.58
Twist angle β0 [deg]
10.17
Chord c [m]
1.445
Foil type
NACA 63(318) 439
Axial induction factor a [-]
0.1835
′
Tangential induction factor a [-]
0.0182
4.82
Mean inflow speed U [m s−1 ]
Blade length R [m]
Far field flow speed Uhub [m s−1 ]
Hub height zhub [m]
Pitch axis position x̂A /c [-]
Rotational speed ω [rad s−1 ]
Blade shell thickness [mm]
Blade shell density ρs [kg m−3 ]
Water density ρw [kg m−3 ]

r = 0.75R
5.96
5.39
1.019
NACA 63(318) 427
0.3112
0.0164
6.98

9
2
20
0.1
1
56.5 (root) - 14.5 (tip)
570 (root) - 660 (tip)
1025

Table 4.2: Simulation parameters.

quire accurate aerodynamic and structural measurements on a wind turbine
geometrically and dynamically representative of full-scale machine, and to
exploit the data to validate and develop enhanced numerical turbine models. The experimental data was acquired in 1987 in the large wind tunnel
at the NASA-Ames Research Center, using a 10 m diameter wind turbine
instrumented to measure blade surface pressure at five different span locations. The wind turbine features two blades with linear taper, non-linear
twist distribution, and uses the S809 airfoil from root to tip. Details of the
blade geometry and of the aerodynamic load coefficients are publicly available from Hand et al. [176]. Blade loads were extrapolated from the surface
pressure distribution, thrust and torque were integrated along the span of
the blade and multiplied by the number of blades to give a rough estimate
of loads applied to the entire rotor, and blade root bending moments were
measured via strain gauges. Additional flow information was recorded by
wind tunnel personnel using standard instrumentation. The measured data
can be downloaded freely from NREL UAE 6 website [177].
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The low-order code was initialised with the turbine geometry and pitch setting, and the operating conditions where determined using the wind speed
measured upstream of the turbine, and the turbine rotational speed measurements. The low-order code predicted the turbine load for the turbine
configuration adopted in test sequence H [176], where the turbine has zero
cone angle and zero yaw angle, 3 deg pitch angle at the tip, and the pitch
along the rest of the blade determined by the difference of the local twist
angle to the tip geometric twist. The wind speed was varied between tests
and kept constant throughout each test. The rotor speed was 72 rpm and
constant in all tested conditions.

10 m/s
8 m/s
7 m/s
5 m/s

Figure 4.3: Spanwise thrust distribution. Comparison of sectional thrust predicted using quasi-steady and unsteady models with experimental results from
NREL UAE VI, at four different wind speeds.

Figures 4.3, 4.4 show the thrust and torque spanwise distribution. Each
figure shows four groups of curves corresponding to wind speeds 5 ms−1 ,
7 ms−1 , 8 ms−1 , and 10 ms−1 . Each group shows three curves corresponding to the loads predicted by the quasi-steady model, the unsteady model,
and the measured values respectively. For the experimental results, data is
presented at locations 30%, 47%, 63%, 80%, and 95% of the blade span,
where the sections where equipped with pressure transducers. Overall, the
experimental and numerical results show a good match, especially at low
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10 m/s

8 m/s
7 m/s
5 m/s

Figure 4.4: Spanwise torque distribution. Comparison of sectional torque predicted using quasi-steady and unsteady models with experimental results from
NREL UAE VI, at four different wind speeds.

wind speed, where the TSR is high and the flow is attached. At wind speeds
8 ms−1 and 10 ms−1 , the results start to differ near the root, due to incipient
separation, as shown by Sorensen et al. [178]. As expected, differences between average loads predicted by the quasi-steady model and by the unsteady
model are negligible.
Figure 4.5 shows rotor thrust and torque, and the blade RBM for the same
wind speeds. The loads are plotted against the TSR (bottom horizontal axis),
and the corresponding wind speed is indicated on the additional axis on the
top. The graphs show a good match of all loads in all conditions. The
low-order code under-predicts thrust and torque, except at 10 ms−1 where
the torque is slightly over-predicted. Instead, the computed RBM is higher
than the measured value at all speeds except at 5 ms−1 despite the computed
thrust being consistently lower. In fact, near the blade tip, the computed
thrust is larger and it provides a greater contribution to the RBM than inboard sections, where the thrust is lower. The difference between computed
and measured loads is always within 21% for thrust, 18% for torque, and 10%
for RBM. Simms et al. [179] used the NREL-NASA UAE 6 data for a blind
comparison with numerical models of varying complexity. A major finding
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Figure 4.5: Thrust, torque and RBM at different wind speeds/TSR. The horizontal axis on the bottom indicates the TSR, whereas the horizontal axis on the
top indicates the corresponding wind speed.

was that even at flow speed 7 ms−1 , where the flow is completely attached,
the comparison showed a differences between experiments and models ranging 25 − 175% for the power, and 85 − 150% for the RBM. Discrepancies
substantially increased above 10 ms−1 for all numerical models due to different degrees of separation, especially for BEMT-based models. Most models
tended to over-predict blade bending moments even at lower wind speeds.
The present low-order code compared well in all tested conditions, including at flow speeds where separation starts to occur. In particular, spanwise
loads show the inability of the code to model the flow near the root when
separation occurs, but this seems to affect the rotor loads only marginally.
Thrust, torque, and RBM differences are smaller than those observed for
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other models with similar degree of complexity, confirming that the low-order
code described in this thesis is capable of simulating the loads on a turbine
with reasonable accuracy as long as no separation occurs on the blade, or
the extent of the separation is confined to a small region near the root.

(a) Power coefficient

(b) Thrust coefficient

Figure 4.6: Comparison of the BEMT results of this study and the CFD results
from Gretton and Ingram [174] using Uhub = 2 m s−1 . CP and CT refer to the
entire turbine.

The accuracy of the low-order code is thus assessed for a tidal turbine
subjected to steady flow conditions, against the data from Gretton and Ingram [174]. This data was produced in the frame of the Performance Assessment of Wave and Tidal Array Systems (PerAWaT) project, launched in
2009 by the Energy Technologies Institute (ETI), a public-private partnership between engineering companies and the UK government. The aim of
the project was to develop software tools for accurate predictions of energy
yields from wave and tidal arrays, to inform arrays development and reduce
commercial risk. These tools were thoroughly validated against scale model
testing. In particular, Gretton and Ingram [174] realised the CFD model of
the full-scale prototype turbine from TGL whose geometry I used throughout
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my work, and studied it’s behaviour at different tip speed ratio λ, where the
free stream velocity is uniform with U∞ (z) = Uhub and Ux = U∞ (1 − a). I
compare the thrust and power coefficients in Fig. 4.6 with the results from
the quasi-steady model. The difference of the computed power coefficient
with the CFD data from Gretton and Ingram [174] is always smaller than
3%, whereas the thrust differs by less than 2% over the considered range
λ ∈ [3, 6], including the optimal operating point λ0 = 4.5 where I study the
performance of the morphing blade. This comparison shows once more that
the code can reliably model the average loads on a horizontal-axis turbine
across different operating conditions, and it indicates that the code inputs
were setup correctly.
Next, I consider the accuracy of the model at predicting loads fluctuations
when the turbine is subjected to unsteady flow. This part of the validation
aims to show that the unsteady model produces more accurate load values
than a quasi-steady model when a blade section experiences fluctuating inflow, and that it is thus better suited to model unsteady flow phenomena
experienced by a turbine blade. Since the low-order model considers the flow
over a section nominally 2D (i.e. independent from the flow on nearby sections), the unsteady model is compared against 2D data from the literature.
Figure 4.7 compares the lift coefficient history on an oscillating airfoil
NACA 0012 with numerical (Lin et al. [180], Motta et al. [181]) and experimental data (Halfman [182]) from the literature. The airfoil was pitched harmonically with mean angle of attack α = 0 deg, fluctuations α = α ± 6.7 deg,
at a reduced frequency κ = 0.4. As the airfoil undergoes periodic oscillations,
the lift value is affected by transient circulatory and non-circulatory phenomena which have a different impact on the loads depending on the frequency of
the oscillations. At low reduced frequencies (κ < 0.1), accelerations are low,
hence inertial, non-circulatory effects (i.e. added mass) are small compared
to circulatory effects. Due to the time needed to build-up more circulation
when the angle of attack increases, the unsteady lift is lower than its quasisteady value, the lift history shows hysteresis in the form of an oval-shape
swept counterclockwise. For κ > 0.1, like in Fig. 4.7, the foil acceleration
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Figure 4.7: Lift coefficient on an oscillating foil NACA0012, with reduced frequency κ = 0.4, α = 0 deg, α = α ± 6.7 deg. Present results are compared to
numerical and experimental data.

is greater, inertial effects dominate over circulatory effects, and they cause
the lift to anticipate the quasi-steady value, drawing a clockwise oval where
the unsteady lift is higher than the quasi-steady lift for increasing angles and
lower for decreasing angles. As reported by Motta et al. [181], Theodorsen’s
model slightly over-predicts the lift, however, the unsteady model compares
better than the quasi-steady model to both numerical and experimental data
from the literature. Although a zero average angle of attack is not representative of the conditions on a turbine blade, a non-zero average angle of attack
only adds a steady contribution and it does not influence the unsteady behaviour as long the angle of attack oscillates below the static stall angle. The
reduced frequency used in this comparison is representative of the unsteady
phenomena experienced by the turbine blades (see Chapter 1). The comparison in Fig. 4.7 thus shows that the unsteady model is better suited to model
unsteady blade loads than a quasi-steady model.
There is no experimental data for a turbine with a morphing concept such
as that discussed in this thesis. Hence, the load predictions are validated for a
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rigid blade and cannot be validated for the morphing blade. However, Dai et
al. [183] performed a two-dimensional CFD investigation of the performance
of a passively pitching NACA 63-427, which corresponds to the airfoil at
r/R = 0.75 of the turbine blade used in the current study. They considered
a rigid and an airfoil pitching passively around the axis at x̂A = 0.1c and
subjected to a periodically varying inflow speed representing a blade rotating
in shear flow. The passive pitch was modelled with an akin mass-damperspring system to that in this paper. The CFD predicted a reduction of the
amplitude of the load fluctuations within 7% of the predictions of the present
low-order model (Fig. 4.8).

Figure 4.8: Comparison of CFD and analytical results showing the difference of
CT between rigid and morphing blades.

For the case of a turbine rotating in shear flow, whose performance are
presented in Chapter 5, I validated the blade loads with the blade resolved
CFD simulations performed by Dai in his PhD thesis [184]. The CFD simulations featured a structured mesh of about 23 million cells, where the turbine
and hub are represented in a circular domain rotating within a larger cuboid
domain. The two domains were coupled by a sliding internal interface. The
larger, stationary domain spanned 17 turbine diameter in length, 11 diameters in width and 2 diameters in depth. A weakly-coupled fluid-structure
interaction model was used to compute the passive-pitching of the blade,
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where the mesh was morphed in response to the pitch dynamics determined
by the structural solver. The fluid dynamic solution was obtained running a
realizable κ − ϵ turbulence models to solve unsteady RANS equations. More
details can be found in Dai [184].
The results of the low-order model are corrected by a bypass blocked flow
factor τf as proposed by Whelan et al. [6]. They suggested that the turbine
and its wake cause significant blockage due to the proximity of the surface
and of the seabed. The external flow is sped up and the turbine loads are
increased. The bypass blocked flow factor τf is the ratio of the bypass flow
velocity (i.e. the velocity deflected past the rotor disc) and the far upstream
velocity U∞ . The thrust coefficients is corrected as

CT = CT τf2 .

(4.1)

Dai predicted a velocity ratio τf = 1.067. Figure 4.9 compares the blade
thrust coefficient CT for the CFD and the unsteady results of the corrected
low-order model. Morphing blades results are presented in both cases for
a spring with non-dimensional stiffness Cκ = 0.01. The thrust coefficient
predicted by the low-order model is within 0.2% of the CFD values at all
times for the rigid blade, and within 0.4% for the morphing blade model.
The tangential force coefficient predictions, indicative of the torque, differ
less than 1% from the CFD results in the rigid case and also in the morphing
case.
The low-order code presented in this thesis were validated against different experimental and numerical data to prove that the results presented in
Chapter 5 are accurate and representative of the physics involved. In particular, the load-predicting capabilities where compared against experimental
data from the NASA-NREL UAE 6 project [176], showing that the code can
predict blade spanwise load distributions and rotor loads with an accuracy
greater than similar codes, as long as the extent of flow separation at the root
is limited. The code was then adapted to model the turbine and the flow
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Figure 4.9: Comparison of CFD and analytical results showing the difference of
CT between rigid and morphing blades. Continuous lines represent the CFD results, dashed lines represent low-order model results (blue - rigid, red - morphing).

conditions used to for the assessment of the morphing blade load-mitigation
performance in the next chapter. Comparing the results with numerical data
[174] shows that the average loads can be correctly predicted. The unsteady
load prediction where thus compared to experimental and numerical data
from the literature [181], showing that for the flow unsteadiness experienced
by a tidal turbine blade, the unsteady model employed in this work is better
suited than a quasi-steady model to predict fluctuating loads. Finally, the
load experienced by a morphing blade were compared to numerical results
[183, 184], to further validate the capabilities of the code to model the loads
on a passive, morphing blade. Overall, the code compared well in all the
steps of the validation process, hence the code accuracy is appropriate for
the purpose of this investigation, within the limits presented above.

62

5
Numerical results

5.1

Quasi-steady Analysis of a Morphing foil

The results for the passive pitch control applied to a 2D foil are presented
here. Figure 5.1 shows the evolution of α(t) and CT2D (t) for the foil at r =
0.5R over the azimuthal coordinate ψ (Fig. 3.1), whereas Fig. 5.2 refers to
the blade section at r = 0.75R. Both cases show the fluctuations over one
revolution of the foils equipped with springs that are optimised to mitigate
the thrust fluctuations for the respective flow conditions (Table 5.1). The
non-dimensional stiffness Γ is defined as the ratio between spring stiffness κ
2
and the hydrostatic stiffness ρw c2 U (Eq. 3.27), and Γ0 is the optimal value.
On both blade sections, the thrust fluctuations are almost perfectly cancelled.
Similar performance can be achieved for any blade section as long as the
stiffness and preload are optimised for the flow condition that the section
experiences. Therefore, if each section can be equipped with the optimal
stiffness and can deflect independently of the neighbouring sections, perfect
unsteady load cancellation is possible also for the full blade.
Such optimal behaviour is possible thanks to the angle of attacks that
varies in opposition to the fluctuations of the inflow angle. In fact when the
inflow angle ϕ reaches a peak value, α is at a minimum, as observed by Shen
et al. [37].

63

Chapter 5. Numerical results

(a)

(b)

Figure 5.1: Section at r = 0.5R: evolution of angle of attack (a) and thrust
coefficient (b).

(a)

(b)

Figure 5.2: Section at r = 0.75R: evolution of angle of attack (a) and thrust
coefficient (b).

Optimal spring properties

Thrust fluctuations ∆CT2D

Blade section

Γ0 [-]

θ0 [deg]

% mean CT2D

% reduction

r = 0.5R
r = 0.75R

6.5 × 10−4
4.5 × 10−4

132
233

0.03 (13.46)
0.02 (16.12)

99.74
99.85

Table 5.1: Minimum load fluctuations using optimal springs for two blade sections. The number in parenthesis refer to the respective rigid blade sections.
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(a)

(b)

(c)

Figure 5.3: Reaction of the morphing foil to an increase of angle of attack and
flow speed; (a) reference condition; (b) effect of the angle of attack only and (c)
combined effect of the increase of both the angle of attack and flow speed.

This behaviour is explained in Fig. 5.3. The loads on the foil change because of the changes in the angle of attack but also in the flow velocity. When
the blade is in the upper position, the foil pitches in order to compensate
the incidence increase, such that both α and CT2D are restored to their initial
values (Fig. 5.3b). However, the inflow speed increases as well causing higher
hydrostatic moments which further pitch the foil (Fig. 5.3c). Essentially, the
angle of attack is reduced to a value which is lower than its initial value to
compensate the increase in the inflow speed. Similarly, when the blade is in
the lower position, the foil pitches to a higher incidence in order to cancel the
effect of the reduction in the incoming flow speed. Therefore, the spring that
minimises the fluctuations of CT2D is different from the one that minimises the
oscillations of α. In particular, Fig. 5.4 shows the amplitude of the fluctuations of CT2D (top) and α (bottom) for the blade section at r = 0.75R, for a
range of values of Γ. It’s shown that a spring that minimises the fluctuations
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of α is stiffer than the spring that minimises the fluctuations of CT2D .

Figure 5.4: Fluctuations of CT2D (top) and α (bottom) for the section at r =
0.75R, for a range of values of Γ.

The results for 2D sections are summarised in Fig. 5.5, which shows the
evolution of CT2D and CP2D during the revolution of the blade section at r =
0.75R for different values of the non-dimensional stiffness Γ. The dotted lines
on Fig. 5.5a show the blade azimuthal position. The maximum value Γ = 10
represents the condition of a rigid foil, where the spring becomes too stiff to
bend and the loads on the section are not effectively alleviated.
In Fig. 5.5b, the range of Γ is narrowed to focus the reader attention
around the optimal value Γ0 = 4.5 × 10−4 which is highlighted by the dotted
line. The optimal stiffness is represented by a slightly curved line. Therefore,
the CT2D still exhibits small fluctuations throughout each revolution, although
these fluctuations are negligible compared to the mean value and compared
to fluctuations experienced by the rigid foil. The quasi-steady analysis shows
that, for very low stiffness values, the variations of the thrust coefficient is
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10 -5

(a)

10 -3

(b)

Figure 5.5: Variations of the power and thrust coefficients as the inflow angle
varies through the rotation of the blade, (a) for a large range of values Γ ∈ [10−5 , 10]
and (b) around Γ0 = 4.5 × 10−4 .

reversed. The preload θ0 is inversely proportional to Γ (Eq. 3.23), which
means that the lower the value of Γ the higher needs to be the preload in
order to balance the hydrostatic moment. Therefore, reducing the stiffness
of the spring leads to high values of θ0 . CP2D always oscillates around the
same value whilst the amplitude of the oscillations is slightly reduced.

5.2

Quasi-steady Analysis of the 3D Morphing Blade

The analysis presented in Section 5.1 is extended to the entire blade. A spring
with quasi-steady non-dimensional stiffness (Eq. 3.49) Cκqs = 6.0 × 10−3 and
quasi-steady preload angle θ0qs = 313 deg leads to variations of the thrust coefficient at each section that are negligible, whilst the mean power generated
in one revolution is unaffected. Figure 5.6 shows the angle of attack fluctuations over the area swept by the blade for a rigid (Fig. 5.6a) and a morphing
blade (Fig. 5.6b). For each blade section, the values are normalised by the
average angle of attack on that section. This representation allows to bet67
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ter visualise fluctuations in the outward half of the blade since the sections
operate at lower incidence, focusing on the blade area that contributes the
most to the loads especially the root bending moment. Green regions show
where the blade is operating at the average angle of attack, whereas red and
blue regions indicate that the blade angle of attack is fluctuating above and
below the average incidence respectively. The rigid case (Fig. 5.6a) shows
an extended red region when the blade is between 0 − π (upper half), an
extended blue region between π − 0 (bottom half), and a green region when
the blade is horizontal at hub height, indicative of angle of attack and loads
fluctuations. Conversely, the morphing blade (Fig. 5.6b) shows an extended
green region across the entire rotor disk, indicating that the angle of attack
is kept almost constant throughout the entire blade rotation along the entire
blade span. At the very tip, the red/blue regions are inverted compared to
the rigid case as noted and explained in Section 5.1 for the 2D analysis, and
the fluctuations are not mitigated. This happens because the loads are very
small due to the tip vortex, they contribute very little to the rotor thrust
and the blade bending moment, hence they have very little importance in
the blade optimisation process. The angle of attack inversion can be noted
not only at the tip, but also at the blade root. Those sections are close to
the hub, they have a short arm and they thus contribute very little to the
RBM.
Figure 5.7 shows the thrust fluctuations over the area swept by the blade
for a rigid (Fig. 5.7a) and a morphing blade (Fig. 5.7b). In particular, I plot
the thrust coefficient of the rigid blade CT2D |κ→∞ and of the optimal morphing
blade CT2D divided by the maximum sectional thrust of the rigid blade. The
load is concentrated in the outer half of the blade and it drops at the tips
and towards the hub. The high thrust experienced by the blade when ψ = 90
deg (Fig. 5.7a) is reduced thanks to the blade flexibility, whereas the lower
thrust at ψ = 270 deg is increased.
The effectiveness of the blade flexibility is finally checked for the flapwise
blade root bending moment shown in Fig. 5.8. Since the changes in the
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(a)

(b)

Figure 5.6: Map of the angle of attack fluctuations over the rotor disc for (a)
a rigid blade and (b) a morphing blade. For each blade section, the values are
normalised by the average angle of attack on that section.

(a)

(b)

Figure 5.7: Map of the thrust coefficient over the rotor disc for (a) a rigid blade
and (b) a morphing blade.
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amplitude of the thrust fluctuations for the blade in the upward/downward
positions are of opposite sign, the bending moment is kept nearly constant
over each revolution. The results for the optimised system are resumed in
Table 5.2,
Optimal spring

Rigid
Morphing

RBM fluctuations ∆CRBM

Cκqs [-]

θ0qs [deg]

% mean CRBM

% reduction

−
6.0 × 10−3

−
313

18
< 0.5

−
98

Table 5.2: Optimal quasi-steady results for the morphing blade model.

Compared to the 2D analysis, the performance is slightly lower. Each section experiences a different load fluctuation amplitude that requires a different blade deflection. As the morphing blade is optimised in a global fashion,
it affects mainly the sections that experience stronger load fluctuations, and
it is thus sub-optimal for the sections that contribute the least to the blade
loads causing a performance reduction.

Figure 5.8: Quasi-steady analysis of the flapwise one-blade root bending moment
CRBM . The blade is equipped with a spring with Cκqs = 6.0 × 10−3 and θ0qs =
313 deg.
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5.3

Dynamic Analysis of the 3D Morphing
Blade

I study to what extent the dynamics of the blade and the unsteadiness of
the fluid loads affect the performances of the passive control system. From
Eq. 3.45, I consider the centrifugal moment Mc , the hydrodynamic moment
Mdy and that due to the mechanical damping of the blade µθ̇. The blade nondimensional damping is initially set to Cµ = 10−4 (Eq. 3.49), which represents
a negligible value. Its effect will be discussed in Section 5.4. Figure 5.9 shows
that the effectiveness of the morphing blade in reducing the RBM oscillations
is only marginally affected by the blade inertia and the unsteadiness of the
flow. Figure 5.10 shows that the blade inertia and the fluid-induced damping
have a small effect on the system effectiveness.

Figure 5.9: Dynamic analysis of the evolution of CRBM . The blade is equipped
with a spring with Cκdy = 1.1 × 10−2 and θ0dy = 171 deg.

Accounting for the additional moments, I find that the optimal nondimensional stiffness and preload are Cκdy = 1.1 × 10−2 and θ0dy = 171 deg.
The optimal spring is stiffer than the one in the previous section because
of the presence of unsteady loads. Table 5.3 shows the reduction in the
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Figure 5.10: Dynamic contributions to the moment equilibrium of the blade, for
Cκdy = 1.1 × 10−2 and θ0dy = 171 deg.

bending moment fluctuations.
As the optimal spring for the dynamic case is different than the optimal
spring obtained for the quasi-steady model in Table 5.2, it is difficult to
understand whether the difference in the performance are due to a different
spring or to dynamic effects. For ease of comparison, in Table 5.3 I display
two sets of results for the dynamic model and for the quasi-steady one (in
parenthesis), both using the same spring optimised for the dynamic model.
The performance estimated with the quasi-steady model is slightly lower
than before as the spring is suboptimal. The system dynamics affect the
blade performance only marginally, as the reduction of RBM fluctuations
is only 5% lower compared to the best quasi-steady performance previously
shown.
It must be noted that the mean power generated is the same as for the
rigid blade.
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Optimal spring
Cκdy [-]
Rigid
Morphing

−
1.1 × 10−2

θ0dy

[deg]

−
171 (177)

RBM fluctuations ∆CRBM
% mean CRBM

% reduction

16(18)
2.6 (< 1)

−
93 (96)

Table 5.3: Optimal dynamic results for the morphing blade model. The numbers
within the parenthesis refer to the quasi-steady analysis that employed the spring
optimised for the dynamic case.

5.4

Effect of Blade Mechanical Damping

In this section, I consider the effects of the mechanical damping µ. Figure 5.11
shows the reduction of the fluctuations of the bending moment coefficient for
a range of values of the stiffness coefficient Cκ and of the damping coefficient Cµ . In particular, the amplitude of the bending moment fluctuation
∆CRBM is divided by the amplitude of the fluctuations for the rigid blade
∆CRBM |κ→∞ .
The optimal working point for each curve is their minimum. When Cµ is
large compared to the hydrodynamic damping, the efficacy of the morphing
blade is poor. Conversely, for Cµ = 10−1 the system performance improves
considerably, and the fluctuations of the blade root bending moment are
reduced by 98%. Increasing the damping, the lowest point of each curve
moves to higher values of Cκ , hence the optimal performance of the passive
control system is achieved with stiffer springs. For high values of Cκ , all the
curves in Fig. 5.11 collapse and converge asymptotically to 1. The system is
not very sensitive to small changes in the spring stiffness, as the reduction
in the ∆CRBM does not vary significantly near the optimum.
The blade does not experience any resonance phenomena, and, even for
negligible mechanical damping Cµ , the fluid acts as a damper, the motion of
the blade is effectively damped. In fact, by considering the blade damping
as a lumped parameter, it is possible to define a damping ratio as
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Figure 5.11: Normalised amplitude of the root bending moment for a range of
values of Cκ and Cµ .

Ctot
,
ζ= √
2 Jtot Ktot

(5.1)

where Jtot , Ctot and Ktot represent the inertia, the damping and the stiffness of the system respectively. In particular, Jtot is the sum of all the inertial
terms in Eq. 3.46, Ctot is the sum of all the terms that multiply δ̇θ and Ktot
is the sum of the terms that multiply δθ, the damping ratio describes the
coupled mechanical-hydrodynamic system. Similarly, I define the natural
frequency of such system as
r
ΩN =

Ktot
.
Jtot

(5.2)

For the range of values of Cκ considered, the natural frequency of the coupled system is always greater than 2.8 rad s−1 . Since the frequency of the
load fluctuations is ω = 1 rad s−1 , the blades are likely to experience no resonance. The damping ratio ζ changes with the spring stiffness, and at the
minimum of each curve, it always takes values greater than 0.4. Therefore,
the hydrodynamic contribution alone dampens the motion of the blade sub-
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stantially. The effect of the damping can be observed in Fig. 5.12, which
shows the blade motion amplitude ∆θ over the same range of Cκ and Cµ .
All curves converge for stiff springs, for which ∆θ tends to zero. For very
flexible springs, ∆θ is never higher than 2 deg and it decreases for increasing
damping values. On the other hand, the preload θ0 is inversely proportional
to the spring stiffness and increases rapidly from zero to more than 104 deg
for Cκ < 10−4 .

Figure 5.12: Evolution of ∆θ for a range of values of Cκ and Cµ .

5.5

Morphing blade performance in real flow
conditions

The performance of morphing blades is estimated again, this time using realistic inflow conditions, measured during a flood tide at the EMEC tidal testing site on 22 November 2014. Figure 5.13 shows the root bending moment
coefficient CRBM over 10 rotational periods, for a rigid blade and a morphing
blade that has been optimised to minimise the fluctuation of CRBM . Using
a spring with quasi-steady non-dimensional stiffness Cκqs = 5.1 × 10−2 , and
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Figure 5.13: Root bending moment under real flow conditions from quasi-steady
analysis of a rigid blade (blue line) and a morphing blade (red dashed line).

quasi-steady preload angle θ0qs = 32 deg, the fluctuations of the root bending moment are reduced by 82%, whilst the average power coefficient has
decreased by 2%. Results are resumed in Table 5.4.
Optimal spring

Rigid
Morphing

RBM fluctuations ∆CRBM

Cκqs [-]

θ0qs [deg]

% mean CRBM

% reduction

−
5.1 × 10−2

−
32

104
13

−
87

Table 5.4: Optimal morphing blade when subjected to real flow conditions (quasisteady analysis).

Figure 5.14 shows the root bending moment coefficient for a blade obtained
from the dynamic analysis using the same spring, preload θ0dy = 33 deg, and
inflow conditions approximated by Fourier series made of 100 components.
The dynamic simulation predicts a reduction of the root bending moment
fluctuations of 66% while the average power coefficient is 2% lower compared
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Figure 5.14: Root bending moment under real flow conditions from the dynamic
analysis of a rigid blade (blue line) and a morphing blade (green dash-dot line).

Optimal spring
Cκqs [-]
Rigid
Morphing

−
5.1 × 10−2

θ0dy

[deg]
−
33

RBM fluctuations ∆CRBM
% mean CRBM

% reduction

97 (99)
32 (17)

−
66 (82)

Table 5.5: Optimal morphing blade when subjected to real flow conditions (dynamic analysis). The numbers in parenthesis show the results obtained for a
quasi-steady analysis when the inflow is Fourier-approximated as for the dynamic
analysis.

to the rigid blade. Results are reported in Table 5.5.
The efficacy of the morphing blade to mitigate the fluctuations induced by
real inflow conditions is slightly lower than that shown in Sections 5.2 and
5.3 for a modelled shear flow. The shear flow induces periodic fluctuations at
the blade rotational frequency, whereas the real flow conditions induce load
fluctuations over a wide range of frequencies. Since the load fluctuations are
dominated by the high-amplitude, low-frequency waves, the optimal morphing blade is tuned to operate around that frequency. Therefore, the system is
not as effective at alleviating the high-frequency, low-amplitude fluctuations,
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as shown in Fig. 5.13. The unsteady simulations predict rigid blade fluctuations with lower magnitude due in part to the inflow which is approximated
using 100 Fourier components, but mostly due to unsteady hydrodynamic
effects, as already seen for the case of shear flow (see Table 5.3). The numbers in parenthesis in Table 5.5 are the quasi-steady results obtained using
the Fourier-approximated inflow as for the dynamic analysis. They confirm
that the performance of the morphing blade are affected mostly by unsteadiness of the flow, and that approximating the inflow signal with 100 Fourier
components does not introduce significant error.
I have shown that morphing blades are capable of alleviating unsteady
load fluctuations caused by shear flow and large waves. In my model, flow
fluctuations are experienced by the blade as oscillations of the inflow speed
and of the angle of attack, and a morphing blade mitigates the loads by inverting the sign of the angle of attack variations. The system reacts to inflow
fluctuations regardless of the flow conditions that caused them. Hence, I believe that similar performance can be achieved for a wide range of unsteady
flow conditions, including turbulence, yaw misalignment, wakes of upstream
turbines, and the proximity of other devices. As the frequency of the fluctuation increases, such as for small-scale turbulence, the inertia of the blade
leads to a reduction of the system efficiency. Moreover, the low-order model
is not capable to consider the effect of high-frequency flow fluctuations with
a period of the order of c/(ωR), such that the flow cannot be considered
uniform along the chord. In such cases, a more sophisticated model should
be used.
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6
Experimental method

Given the promising prediction of the low-order code, I decided to perform
proof of concept experiments using a 1:15 scale model turbine available at
the FloWave Ocean Energy Research Facility (in short FloWave).
I originally envisaged the passive-pitch system as an analytical simplification of morphing blades (see Section 3). In its essence, the system provides a
degree of flexibility to the blade which can bend to mitigate onset flow fluctuations. The analytical, low-order model is based on several assumptions
that allow to strip the model down to the essential physical phenomena. The
beauty of this approach is that it avoids unnecessary complexities and that
results can be extended to different scenarios, as long as they share the same
underlying physics. However, if the difference between a passively pitching
blade and a morphing blade is negligible from an analytical standpoint, it
becomes substantial when it comes to experimenting with physical models.
Experiments cannot be deprived of all the complexities of real world physics,
and the significance of test results is often limited to the investigated case.
Although a passive-pitch system is still indicative of the potential of morphing blades, ad-hoc experiments shall be performed to validate this claim. To
stress the philosophical difference between analytical and experimental methods, in this chapter I will refer to the system exclusively as “passive-pitch”
rather than “morphing”.
The objective of the experiments is to prove that the passive-pitch system allows to reduce the fluctuations of the thrust and of the root bending
moment.
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In the following paragraphs, I will describe the facility where I conducted
the experiments, the design of the blade model and of the novel passivepitch system, some issues that arose when assembling the model and how I
solved them, the test programme, and experimental issues encountered while
testing.

6.1

The FloWave facility

FloWave, previously known as FloWave TT, allows combined wave and current testing in any relative direction. The facility was inspired by an original
design by Salter [185], it was built using funds from the UK Engineering
and Physical Sciences Research Council (EPSRC) and it was ultimated in
November 2013 [103].
Figures 6.1 show the tank that features a 25 m diameter basin, 2 meter
working water depth, and a liftable floor to allow for installation of models.
There are 28 bidirectional impellers that can generate current speeds upwards
of 1.6 m s−1 [163]. The tank, which is optimised for waves of around 2 s
period, is equipped with 168 wave makers that generate waves from any
relative directions. The facility offers the the ability to model metocean
conditions at a typical scale between 1:15 and 1:40 [103]. The tank features
a sheared velocity profile that corresponds to a 1/15 power law for any input
velocity [163].

6.2

Turbine model

FloWave made available a 1:15 scale tidal turbine which had been developed
to acquire experimental data to validate numerical models and to make predictions of turbines’ performances. The turbine has a standard design and
is representative of many full-scale prototypes [186]. It’s a bottom-mounted
device with three blades on a horizontal axis rotor. The turbine has 1.2 m
rotor diameter (1:15 geometric scale) with 0.12 m hub diameter and effective
blade length of 0.54 m. The turbine features a direct-drive transmission,
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Figure 6.1: Schematic of FloWave in plan and oblique section showing: (A)
Wavemaker paddles around circumference (168 Nr) (B) Turning vanes and flow
conditioning filters (C) Current drive impeller units (28 Nr) (D) Buoyant raisable
floor (15 mØ) below test area (E) Idealised streamlines of flow across tank floor.
(Noble et al. [163])
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and a brushless permanent magnets servo generator, which can be operated
as a motor and that can be speed-controlled or torque-controlled, meaning
that the control system will keep either constant rotational speed or constant
torque. Details of the instrumentation of the turbine are reported below, in
Section 6.5. More details can be found in Payne et al. [187].

6.3

Passive-pitch blade model design

Since the turbine was available in FloWave, I designed the blade and the
passive pitch system using Autodesk Fusion360. Figure 6.2 shows a comparison of the blade system CAD model (hub and tower models provided
by FloWave staff) and the finalised experimental model installed on tank
floor. While the passive-pitch system represent a novelty and it is designed
from scratch, the blade is adapted from the design of the Tidal Generation
Ltd. (now Alstom) 1 MW turbine [174] (see Section 3). The passive-pitch
system is a load control mechanism added to a conventional, rigid blade to
represent the blade flexibility. Therefore, I will describe the blade and the
passive-pitch system separately to highlight the novelty that lies in the latter.
Since I use an existing turbine model, additional constraints are set on the
size of the blades and of the passive-pitch system. The blades are attached
to the hub through the metal flexures that serve also as bending moment
transducer. These represent the interface between the existing turbine and
the passively-pitching blades.

6.3.1

Blade design

Conventional blade design typically encompasses the selection of airfoil family, the optimisation of the chord and twist distribution, and the determination of the minimum thickness-to-chord ratio to withstand the estimated
loads [104]. Since I adopted an existing design, all the blade parameters were
predetermined except the relative position of each section with respect to the
pitch axis. In particular, for each section, the pitch axis was placed at a distance from the leading edge equal to 10% of the local chord value (Fig. 6.3).
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Figure 6.2: Passive-pitch blade design (left) and realised model on the tank floor
(right).

Hence, all sections where shifted backwards from the conventional quarterchord position, except near the root, where the sections were shifted forward
to make space for the passive-pitch centred on the pitch axis.
The shape and relative position of the blade sections were informed by
the low-order code, the data thus imported in Fusion360 and the blade was
extruded through the sections following traced guidelines. The objective
was to obtain a smooth blade shape, with no sharp edges and no creases
along the blade span to prevent spanwise flow separation. If the 3D-blade
showed an irregular shape, the size and the relative position of the sections
was modified in Matlab and the process was repeated. This iterative process
allowed to generate a smooth blade with enough space to embed the passive
pitch system near the root, but also to keep an accurate record of the blade
geometry. Figure 6.3 shows the final blade design, obtained after a few design
iterations. I summarised the blade dimensions in Figure 6.3, indicating for
each section the distance of the pitch axis from the leading edge.
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Figure 6.3: Blade dimensions. Each section is numbered from 1 (root) to 20 (tip)
and is described by the position along the blade span, or radius, the chord length
and the position of the pitch axis with respect to the leading edge as a percentage
of the chord.
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Near the root, the aerodynamic profile blended into a cylindrical shape,
where the passive-pitch system was then lodged, and it featured a flat flange
with 6 mm holes to attach the passive-pitch system and align it to the blade.
The model turbine at FloWave was originally equipped with full, aluminium blades. Tidal turbines typically feature blades made of composite
materials for considerable savings in cost and weight. Composite materials
are shaped into thin shells rather than full volumes. This allows the blade to
be filled with water to reduce the periodic loads experienced by the blades
due to buoyancy and their own weight [172]. Since the weight and material
cost scale with the volume of the blade (for full metal blades) or the surface
area (for shell-like blades), at 1:15 scale, the choice of material is not crucial because the potential cost and weight savings for a one-off production of
blade prototypes are small. Moreover, the inertia of the blade scales with the
4-th power of the geometric scale, and the model blade dynamics will differ
from the full-scale device regardless of the blade material that has thus little
impact on the final blade design. I decided to make empty-shell carbon fibre
blades that can be filled with water to minimise the effect of gravitational
and buoyancy loads, as for full-scale devices.
To manufacture the blades, I contracted Piran Advanced Composites, a
company based in WadeBridge (Cornwall, UK) specialised in the manufacturing of composite aerodynamic components for the aerospace industries,
including UAV airframes and propeller blades. The blades were manufactured using a female epoxy mould to accurately recreate the external blade
geometry and to ensure smooth surface finish. The shell thickness was 3 mm
thick, obtained by overlaying +45/ − 45 degree carbon fiber fabric to a core
made of unidirectional fibers extending along the blade span. This layup
granted significant bending strength, which typically constitutes the main
structural limitation, but also great torsional strength. The flange at the
root was made 5 mm thick and it featured 12 holes to bolt the blade to the
passive-pitch system. Figure 6.4 shows the manufactured blades.
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Figure 6.4: Overview of the blade pressure side (left) and of the trailing edge
(right). The bottom of both pictures shows the perforated flange used to bolt the
blade shell to the passive-pitch system.

6.3.2

Passive-pitch system design

The passive-pitch system is made of several parts realised in different materials. Figure 6.5 shows all the different parts of the system. The mechanism is
based on a torsional spring wound on a shaft which controls the pitch angular
position and motion of the blade relative to the hub.
The system is attached to the blade through a cone-shaped part that has
a matching flange. The shaft is glued inside the narrow tip of the cone.
The rotation of the shaft, of the cone and of the blade, is allowed by two
sets of bearings held inside a split casing which is bolted to a thin disk
called the “angular plate”. The whole system is connected to the turbine
through the angular plate that is bolted onto the bending moment flexures
on the hub. Blade, cone and shaft can rotate with respect to the casing
and the angular plate which are fixed. The spring legs are inserted into
holes on the cone and on the casing, thus controlling the relative motion.
The cone was manufactured in carbon fiber by Piran Advanced composites.
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Figure 6.5: Passive-pitch system components: A) flanged cone; B) shaft; C)
torsional spring; D) circlips to retain E) bearings; F1, F2) casing halves; G) angular
plate; H1, H2) fairing.

The angular plate, the casing and the shaft were machined out of highstrength T9-6026 aluminium (yield strength σAl = 330 MPa, Young modulus
EAl = 69 GPa) within the School facilities. I bought off-the-shelf rubber
sealed double-row ball bearings from Simply Bearings Ltd, and the torsional
spring was a custom design commissioned to The Active Spring Company
Ltd and made of galvanised carbon steel. A plastic fairing was 3D-printed
within the School laboratories to improve the aerodynamics of the system
where the flanges and the passive-pitch system are exposed to the flow.

6.3.3

Torsional spring design

As a spring stiffness is optimal only for a specific flow condition, I commissioned several springs with stiffnesses in the range 3.27 − 36.76 Nmm deg−1
to have more freedom in the design of the experimental conditions. I de87
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termined the required spring properties using the low-order model. I simulated the scaled model turbine operating at λ = 7 and a nominal flow speed
U∞ = 0.8 ms−1 , and I performed a parametric study of the performance of
the passive-pitch system.
I used the spring with stiffness 4.2 Nmm deg−1 . The predicted preload
at λ = 7 and a nominal flow speed U∞ = 0.8 m s−1 was 450 deg. I chose
this spring because the preload is not too high with the risk of deforming
the spring or getting a strongly non-linear response, but high enough that
any error during the installation would cause very little change in its moment
reaction. During the first day of testing, I noticed that the spring legs slipped
out of placed effectively reducing the preload angle to 275 deg. Before the
following tests with preloads 450 deg and 550 deg, I pulled the spring coils
apart to increase the axial length such that once installed it would be slightly
compressed and the legs would be held in their sockets. This strategy was
successful to prevent the spring legs from slipping out, however, the springs
resulted slightly bent along their axis, causing friction against the shaft. In
the result section, I will discuss the effect of friction on the performance of
the passive-pitch system.

6.3.4

Model assembly and operating principle

Since the torsional spring needs to be changed depending on the flow condition, I designed the system to be modular to be taken apart. With reference
to Fig. 6.5, the system is assembled as follows. The spring (C) is slid onto
the shaft (B) and its upper leg is inserted into a hole on the cone (A). A
circlip (D) is fixed in a groove on the shaft, to constrain the first bearings
set (E). A second circlip is applied after the bearings, a second bearings set
is inserted on the shaft and a third circlip locks it on the shaft. The casing
halves (F1, F2) are inserted in the cavity between the cone and the shaft, and
they are thus pushed onto the bearings. While inserting the first half-casing,
the bottom leg of the spring is inserted in a hole on the casing. Four bolts
are inserted from the side of the casing to pull the two halves shut. The
angular plate (G) is bolted to the casing, and the cone is bolted to the blade.
The whole system can thus be installed on the turbine hub. The fairing (H1,
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H2) is the last part to be installed, its two halves are slid on the blade-cone
flange and bolted to it. Figure 6.6 shows the assembled system.

Figure 6.6: Blade and passive-pitch system assembled (left) and section of the
assembly (right).

The spring preload is the spring deflection required to balance the average
fluid moment for a given flow condition. The spring is preloaded in two ways.
A rough adjustment is obtained by inserting the top leg of the spring in one of
the holes in the carbon fibre cone, which are at 45 deg distance. A fine tuning
is obtained by inserting the bottom leg of the spring in one of the holes on
top of the casing. The holes are placed at an angular distance of 10 deg which
grants an accuracy of 5 deg. It was not possible to achieve a higher degree of
accuracy as the holes would have merged together. However, by using more
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flexible springs, higher preloads are required to balance the fluid moments
(Section refch2, Eq. 3.28), hence, the relative error on the preload angle is
reduced. For instance, a preload of 400 deg allows can be achieved with less
than 2% uncertainty. The torsional spring is preloaded before installing the
system on the turbine, by manually twisting the casing with respect to the
blade. At reaching the desired number of turns, a pin is inserted through the
blade wall, which is lodged in a slot on the casing. The slot is 80 deg wide,
to allow oscillations of the blade up to 40 deg during the turbine operations,
but at the same time it prevents the preloaded spring from unwinding. After
insertion of the pin, since there is no hydrodynamic moment to balance the
spring reaction, the blade turns slightly until the pin hits the side of the slot.
Instead, during the turbine operation, the average hydrodynamic moment
balances the spring preload and it keeps the pin at the centre of the slot.
The blade is thus free to oscillate passively in both directions in response
to flow fluctuations. To test a rigid, conventional blade, a screw is inserted
through an additional hole locking the blade to the casing, thus preventing
any rotation around the pitch axis.

6.4

Structural considerations on the passivepitch system

To verify the structural robustness of the blade and passive-pitch system, I
performed the analysis outlined in Fig. 6.7. The procedure was performed for
all load-carrying components before commissioning. Details of the analysis
for each component are presented below.

6.4.1

Harshest flow condition and maximum design
loads

The blade experiences the highest operating loads at λ = 8, at a nominal
flow speed U∞ = 0.9 m s−1 and no waves (see Section 6.6). However, in
case the turbine generator would loose connection to the grid, the turbine
would accelerate up to λ = 9.5, where the turbine would be free-spinning,
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Figure 6.7: Outline of structural analysis of blade and passive-pitch system.
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generating zero torque. I estimated the loads on the blade using the loworder model, and I used the loads generated at U∞ = 0.9 m s−1 , λ = 9.5 and
no waves as the maximum design loads for the blade and the passive-pitch
system. The maximum root bending moment was the primary driver of the
structural design.
Figure 6.8 shows the distribution of the bending moment along the blade
span computed for a range of tip speed ratios, at U∞ = 0.9 m s−1 . The
bending moment increases rapidly near the tip, where the load FN normal
to the rotor is concentrated, and it increases linearly near the root as those
sections contribute very little. The maximum bending moment at the blade
root is MRB,max = 42.4 Nm.

6.4.2

Blade and composite components

Structural blade design is typically performed using beam theory as a first,
rough indication of the structural requirements, whereas the final design is
validated using more sophisticated methods, such as Finite Element Analysis
(FEA). However, given the time constraints of the project, I determined the
blade structural design using beam theory and conservative safety factors.
The method is fast and well suited for multiple design iterations. Since the
cost of one-off batch of blades was limited, the additional costs from using
more materials were negligible and the manufacturing process was faster, as
small defects were compensated by conservative safety factors.
The stresses induced by the bending moment are determined by the diameter of the root section and the thickness of the blade shell. Knowing that
the root section has a circular shape, the bending stress experienced by the
blade material is computed as

σB =

MRB y
,
Iy

(6.1)

where Iy is the second moment of area with respect to a reference system

92

Chapter 6. Experimental method

Figure 6.8: Estimated blade loads at U∞ = 0.9 m s−1 over a range of tip speed
ratios λ. From the top, showing the distribution of thrust (dT ) and torque (dQ)
along the blade span, and the bending moment (RBM). At λ = 9.5, the blade
experiences the highest bending moment and zero torque: the positive torque contributions (green-shaded) are cancelled by the negative contributions (red-shaded).
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centred with the circular section, and y is the radial distance of the blade
shell from the centre of the section. The second moment of area is computed
as

Iy =

π 4
4
)
(y − yint
4 ext

(6.2)

with yext and yint the distances of the outer and inner surface of the blade
shell from the centre of the section respectively, and their difference being the
thickness th of the blade shell. The blade structural parameters are reported
in Table 6.1 assuming a wall thickness of 3 mm.
yext [mm]
yint [mm]
th [mm]
y [mm]
Iy [mm4 ]
σB,max [MPa]

40
37
3
38.5
5.4×105
3.0

Table 6.1: Structural parameters of the blade root section.

The maximum bending stress σB,max = 3.0 MPa is then compared with the
maximum stress admissible in a 3 mm thick carbon fibre sheet to determine
if it’s thick enough to sustain such loads. As opposed to metals, carbon fiber
composites have structural properties that depend greatly on the orientation
of the fibers of each sheet and the resin used. Single, unidirectional fibers
have a tensile strength of over 2000 Mpa, whereas a plain weave carbon fibre
fabric embedded in epoxy resin can sustain stresses greater than 460 Mpa
[188]. In all cases, the tensile strength for the suggested 3 mm thick blade
shell is 150 times higher than the maximum bending stress, providing a very
large safety factor.
A similar calculation was performed for the bottom section of the carbon
fiber cone, since it is slightly smaller than blade root section but it transfers
the same loads. The maximum bending stress in this case is σB,max = 3.9 MPa
which is also much lower than the tensile strength of the part.
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Figure 6.9: Load path from the blade to the hub. The hydrodynamic pressure
(green arrows) loads the blade which transfers the stresses (red arrow-path) to the
inner cone. The stresses climb up the cone and are transferred to the shaft, they
pass through the bearings and the casing and are finally transferred to the hub.

6.4.3

Shaft and casing

The loads are transferred from the blade to the cone through the bolted
flange. Through the glued joint they pass to the shaft, then through the
bearings to the casing, and eventually to the hub flexures where they are
measured and transferred to the drivetrain. Figure 6.9 shows the load path.

The shaft represented the most critical components due to its 20 mm narrow section. Using the same approach as for the blade (Eq. 6.1), I computed
the maximum stress σB,max = 63.0 Mpa transferred through the shaft, and I
verified that it was 5 times smaller than the yield strength of the aluminium
alloy (σAl = 330 MPa). The casing, made of the same material but having a
much larger section, was not an issue. The ISO 4762 (DIN 912) steel bolts
that held the two half of the casing together have a yield strength greater
than 1000 MPa. The glued joint between the carbon fibre cone and the aluminium shaft has a circular section which is wider than the shaft alone, hence
it structurally solid. Moreover, the joint is further away from the root, and it
experiences lower bending moments and lower stresses. The joint itself could
be a weak point if the glue gives way, but it was thoroughly reinforced to
prevent any failure.
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6.4.4

Bearings

The bearings had a declared static and dynamic radial load limit of 4850 N
and 5800 N respectively1 . To transfer the maximum estimated moment of
42.4 Nm, the bearings are placed at 18 mm distance from the respective
mid-section, resulting in a maximum radial load of 2355 N, well within both
static and dynamic ranges. The radial load due to the blade bending was the
main loading mechanism on the bearings, with a small axial load contribution
due to the centrifugal forces (the blade, once filled with water was neutrally
buoyant hence the axial load due to gravity and buoyancy was negligible).
The centrifugal force Fc is computed as

Fc = mω 2 rCG ,

(6.3)

where m is the mass of the blade filled with water, ω the rotational speed
and rCG the spanwise position of the centre of mass of the blade. The
blade mass is about m = 1.7 kg, and centre of mass is approximately at
rCG = 23.4 cm from the rotor axis. At a nominal flow speed U∞ = 0.9 m s−1
and tip-speed ratio λ = 9.5, the blade is rotating with ω = 14.25 rad s−1 and
the centrifugal force is thus Fc = 80.7 N. The manufacturer did not specify
the axial load limit for the purchased bearings, but radial ball bearings can
usually sustain axial loads as little as 25−50% of the radial load range. Since
the expected axial load is less than 2% of the static radial load limit, these
bearings are safe to use. All blades and passive-pitch systems were assembled and strength-tested before the experiments to validate the strength of
the system under the highest design loads.
For the present experiments, the blade and passive-pitch system are sufficiently robust, with the most critical parts being the bearings and the shaft,
which present the smallest safety factors of two and five respectively. In the
1
Ball bearings are typically used for dynamic applications at high rotational speed
where each ball experiences the load periodically but for a very short time. The load
is virtually distributed over all the balls and the entire rail granting a high load limit.
Instead, a static load is applied always on the same balls and and the same part of the
rail which can result in local deformation, or pitting, at loads lower than those it could
sustain dynamically.
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future, if the blades had to be tested in harsher flow conditions with higher
loads (e.g. large waves), the shaft could be replaced with a high strength
steel part, and the casing could be redesigned to allow a greater distance
between the bearings to reduce the load.

6.5

Instrumentation

The turbine provides load measurements of the thrust and the torque
of the rotor, and the root bending moment of each blade. The thrust
and torque transducer was custom made by Applied Measurements Ltd.
(www.appmeas.co.uk), and is placed very close to the rotor, upstream of
water seals, to provide high quality data free from parasitic friction along
the drivetrain. The transducer load rating was determined as twice the
maximum loads predicted with a BEMT code, that correspond to 150 Nm
torque and 1950 N thrust [187].
The bending moment transducers are embedded in the structural components that connect the blades to the hub. The transducers were designed and
manufactured in-house, and then supplied to Applied Measurements Ltd. for
strain gauging, waterproofing and calibration.
The blades angular position is measured providing both angular displacement and rotational speed of the blades. An encoder is fitted on the generator, and its signal is used both to record the angular position and the rotor
speed with the data acquisition system, and as input for the speed control
loop.
The flow velocity was measured using the Vectrino measurement system.
The device measures all three velocity components using acoustic doppler
velocimetry. The probe features a transmitter which generates a beam of
acoustic waves at a fixed frequency. The waves are reflected by scattering material suspended in the water and three receiving transducers record
the distorted frequency. The frequency shift between the transmitted and
recorded waves can thus be converted into a velocity value. The probe was
placed 1.37 m in front of the model, causing negligible interference with the
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flow, at a 1.47 m from the seabed. The tests were started after the a stable current velocity had been reached, approximately five minutes from the
moment the tank motors were started [163].
The data acquisition system is based on a National Instruments CompactDAQUSB chassis (cDAQ-9174). The encoder signal generated by the
generator is logged using a digital I/O module (NI 9401). Thrust, torque
and RBM are measured with strain gauge bridge amplifiers which generate
a current signal logged with an analogue input module (NI 9203) [187].

6.6

Test programme and execution

I conducted the experimental campaign mid November 2020. The tests occupied three of the five days spent in FloWave, with the remaining time
dedicated to installation and setup. The research hypotheses were that the
passive-pitch system allows to reduce the fluctuations of the thrust and of
the root bending moment for a turbine operating in shear flow, and that the
low-order model can make reliable prediction of the loads.
I considered testing the model in current and large waves, to observe larger
load fluctuations and potentially a greater mitigation of such loads, but I decided to test only with shear current for two reasons. First, the low-order
model that I used to predict the turbine performance draws the blade lift
and drag data from look-up tables (Section 3), and that data was limited.
In particular, large waves can cause very wide fluctuations of the angle of
attack that go beyond the range available in the tables. Hence, I couldn’t
reliably compute the load fluctuations on the blade and the required spring
parameters. Second, good practice requires to measure and calibrate each
simulated sea state in the tank before testing the model, and waves take much
longer to be calibrated. The simplest way to calibrate a steady current is to
take a point measurement without the turbine in the tank. The procedure is
quick and can be done sequentially for the different flow velocities that will
be tested. Instead, waves, beside requiring the installation of wave gauges,
need to be calibrated through several tests, since the current affects the wave
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height. If the current is following the waves, the wave height is reduced and
the wave length is increased [189]. The opposite phenomena occur when the
current opposes the waves. As a consequence, the waves differ from the desired spectrum, and an iterative procedure is needed to analyse the measured
spectrum to then modify the original spectrum to obtain the desired waves.
This procedure has to be repeated for all the different current velocities that
one wants to test, and then again for all different wave spectra, requiring a
considerable amount of time. Due to the limited amount of testing time, I
decided to minimise the time for sea state calibration and to maximise the
turbine testing time.
For the passive-pitch blade to work, I expected two significant results:
the mean torque value is the same as for the rigid blade; that the thrust
and RBM fluctuations are reduced. I have shown in Chapter 3 that the
load fluctuations can be reduced with different springs, though to a different
extent. So for any chosen spring, I would expect to see some load mitigation.
Instead, the mean torque and thrust values are determined by the preload,
which is specific to a certain spring and flow condition. Once a spring is
installed, an error in the preload will cause a shift in the mean loads values.
To circumvent this limitation, I planned the tests over a range of different
current velocities and turbine rotational speeds. The idea is that if the loworder code prediction of the preload is inaccurate, small changes in the flow
and turbine speeds would allow to investigate around the design conditions
and find a match between the mean loads of the rigid and passive-pitch blade.
The design conditions are a nominal current speed U∞ = 0.8 m s−1 , and
the rotor operated in speed control mode with a constant speed of ω =
89 rpm (9.32 rad s−1 ), to keep a constant tip speed ratio λ = 7. The tank
parameters are Froude-scaled from a full-scale flow conditions with U∞ =
3 m s−1 and a 18 m diameter turbine rotating at 23 rpm (2.4 rad s−1 ). I
tested at nominal flow speeds U∞ = 0.9, 0.8, 0.7 m s−1 and tip speed ratios
λ = 8, 7, 6, 5, 4.5 (turbine speed range ω = 115 − 50 rpm). Results for
flow speeds U∞ = 0.9, 0.7 m s−1 will not be displayed. These conditions
were used for testing Reynolds independence, to make sure that the design
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current speed did not present unusual flow phenomena, and to allow more
flexibility to match the ideal spring preload which was designed on estimated
loads. After testing the rigid blade configuration at different flow speed, no
substantial difference in the flow behaviour was noticed. Due to some issue
with the setup of the spring preload, I decided to concentrate the passivepitch test at the design flow speed U∞ = 0.8 m s−1 . A few passive-pitch
tests were performed at U∞ = 0.9 m s−1 , showing little visible differences
compared to the design conditions, hence these partial, out-of-design results
are here omitted. The estimated preload for U∞ = 0.8 m s−1 and λ = 7 is
θ0 = 450 deg. Due to a torsional spring slipping out of place, I realised that
one blade had been tested with a lower preload angle of 275 deg. Moreover,
after postprocessing of the data after the first testing day, I thought it would
be better to use a higher preload of 550 deg to get a better results during the
following tests. Eventually, I collected data for three different preload angles:
275, 450 and 550 deg. The passive-pitch tests could be conducted with only
one blade pitching passively and the remaining two being rigid because of
the limitations of the turbine control system, which could not manage the
speed swings of the turbine caused by three pitching blades.

6.7

Data analysis

Before the analysis of experimental data, the measured time series are processed. The turbine loads, including thrust, torque, and root bending moment, and the rotational speed from the generator encoder are filtered using a
Hampel filter to remove outliers. The filter identifies as outlier any datapoint
outside of 2.5 standard deviations from the median value of itself and three
datapoints before and after, and it replaces it with the median value. Flow
velocity measurements are filtered using an inbuilt Matlab function called
“filloutliers” that identifies a datapoint as outlier if it lies more than three
standards deviations from the signal average value. Outliers are replaced by
linear interpolation of non-outlying datapoints.
The performance of the passive-pitch is assessed in two steps. First, I compute the load average values and standard deviations to assess the capability
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of the preloaded spring to balance the average pitching moment and generate
the same torque, thus the same average power as the rigid blade. Second,
the load mitigation capabilities of the passive-pitch system are assessed from
the percent reduction of the load fluctuations. Given the stochastic nature
of experimental data, the load fluctuations are better represented by their
standard deviations rather than the effective amplitude of the oscillations.
Therefore, as opposed to the numerical part, the experimental results will be
presented as the reduction of the loads standard deviation compared to the
rigid case. Moreover, I will also analyse the power spectra of the loads and
of the turbine rotational speed.
The power spectrum is obtained from the Fourier transform of the measured signal.
Similar to what I showed in Section 5.5, a time series Q(t) can be described
by its Fourier series as
Nk
X
Q(t) = Q0 +
Qk exp(j2πfk t + χk ),
(6.4)
k=1

where Q0 is the average value, Qk = ∆Qk /2 are the amplitudes of the
Nk harmonic components describing the signal, fk and χk are the frequency
and phase values respectively. The period of the slowest component T̂0 corresponds to the length of the time series T̂s , and the frequency fNk of the fastest
component is equal to the Nyquist frequency, or half the sampling frequency
fs . The length of the time series determines also the resolution of the Fourier
series ∆fk = 1/T̂s (i.e. the distance between two consecutive harmonic components). In this case, each test lasted 7.5 minutes, corresponding to a frequency resolution ∆fk = 0.002 Hz and the slowest harmonic f1 = 0.002 Hz,
and the sampling rate was fs = 256 Hz, allowing to capture phenomena up
to fNk = 128 Hz, for a total of Nk = 5818 Fourier components.
At each frequency fk , the power spectrum is computed from the coefficients
Qk of the Fourier series as
Q2k
SQ (fk ) =
.
(6.5)
2∆fk
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Since the energy of a signal by definition is
Z T̂s
Nk
X
2
Q(t) dt ≃
Qk 2 ,
EQ =
0

(6.6)

k=1

it can be computed also from the power spectrum as
Nk
X
EQ =
2SQ (fk )∆fk .

(6.7)

k=1

Therefore, the power spectrum SQ represents the energy associated a certain
frequency, and integration over the entire frequency range yields the energy
of the signal. Moreover, the variance of the signal is related to the power
spectrum as
Nk
X
SQ (fk )∆fk ,
(6.8)
var =
k=1

hence, integrating the power spectrum of a load signal between two frequency values provides the energy associated to that frequency interval, and
it indicates also how much those frequencies contribute to the overall load
fluctuation.

6.8

Uncertainty analysis

Experimental results are subject to error due to calibrations, environmental
effects, equipment set-up and human factors. The results, however, are expected to remain within an interval around each measurement point. The
uncertainty of an experiment is determined for a number of measurements
and represents the possible value that the error might have, within a given
confidence interval. The confidence interval is defined as the percentage
chance that all of the values measured will lie within the specified range of
the error. This value can be obtained statistically if the variable of interest has been measured directly, or via sensitivity analysis if the variable of
interest is obtained as a function that relates different measured quantities.
In the results (Chapter 7), I will present the thrust and torque values measured directly from the load cell in the hub, and the root bending moment
measured directly from the strain-gauged flexure at the blade root. Therefore, the uncertainty associated to the loads is the uncertainty associated to
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their direct measurement. Both the loads cell and the the bending moment
transducers had been calibrated by FloWave staff who found that the drift
of calibration coefficients over time is negligible, hence the calibration coefficients were given. At the beginning of each day of testing, all loads were
recorded with no flow and parked turbine to acquire the zero reference values.
Installing the blade with the correct geometric pitch is quite a challenge,
and a misalignment as small as 1 mm, a that scale, can cause a change in
the angle of attack of 1.5 deg which can cause a considerable load imbalance.
Since the lift depends linearly with the angle of attack, near the blade tip,
were the angle of attack is small, this uncertainty can cause considerable
changes in the lift value. For instance, As shown in Chapter 5, the average
angle of attack at r/R = 0.75 of the blade span is about 6 deg. The uncertainty associated to the blade installation angle translates to about 25% of
the lift value. In the worst scenario, where a blade is installed at −1.5 deg
from the nominal geometric pitch, and another blade is installed at 1.5 deg,
the difference in the generated lift could be as high as 50%. I will show that
this uncertainty caused a discrepancy between the measured root bending
moments. Since the installation angle was not changed throughout all tests,
the uncertainty does not affect a comparison between the rigid blade and
the passively-pitching blade as long as it’s the same blade. However, the
installation angle determines the average loads on the blade, including the
pitching moment and, hence, the spring preload that balances it. Hence, I’m
expecting different average loads on the pitching blade compared to the rigid
one, even at the design conditions (i.e. λ = 7, U∞ = 0.8 m s−1 , preload
450 deg). This issue will be partially mitigated by testing different preloads,
which will allow to tune the average spring moment.
The torsional spring properties were verified through bench tests. I devised a small test rig where the blade was attached to a fixed beam and it
was turned by certain angles to load the spring. A smaller beam was connected to the blade flange perpendicular to the blade axis, and was allowed
to hit a scale to measure the force exerted by the loaded spring. The force
was thus converted into the spring reaction moment by multiplying the force
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by the distance between the blade pitch axis and the impact point on the
beam. Figure 6.10 shows the spring moment computed for each spring at
different preload values, and the theoretical moment according to the nominal spring stiffness provided by the manufacturer. All the springs behave
linearly across the entire range considered, with slope similar to the nominal
value, but the reaction moments are different from the theoretical one. These
differences will affect the capability of the preloaded springs to balance the
average fluid moment. However, since the the difference generated by adopting different preloads is greater than the difference between the measured
springs moments to the theoretical value, testing the springs with different
preloads will provide some insight on the effect of the preload.

Figure 6.10: Measured spring moments. Each curve represents a different spring
and each measurement point feature a one-standard deviation errorbar.

The spring is preloaded in two ways, as mentioned in Section 6.3.4. The
series of holes on the top of the casing and in the carbon fibre cone allow to
adjust the preload with an accuracy of 5 deg. This represents also the maximum uncertainty associated to the preload. For the tested preload values
of 275 deg, 450 deg, and 550 deg, the uncertainty associated to the preload
translate to an uncertainty associated to the spring moment which is less
than 2% in all cases.
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Experimental results

In this chapter, I present the results from the experimental campaign conducted at FloWave Ocean Energy Research Facility on 16th-23rd November.
I will assess the effectiveness of the passive-pitch system with respects to
two aspects: the load mitigation performance, and the average load generated. The former will prove the effectiveness of the passive-pitch system and
it will also indicate the goodness of the spring stiffness value estimated by
the low-order code. The latter will show if the spring preload was correctly
estimated to balance the hydrodynamic loads.

7.1

Benchmark case: the rigid blade

Figure 7.1 shows the rotor torque Q and thrust T , and the rigid blade bending
moment RBM for all the tested tip speed ratios λ at the nominal flow speed
U∞ = 0.8 m s−1 . The graphs show the average values and the errorbars
represent one standard deviation of the load fluctuations. The RBM is shown
only for two blades because the third blade had a faulty transducer which
broke during the installation of the turbine on the tank floor. The thrust
and RBM show a similar trend, with the average values increasing at higher
λ due to higher dynamic pressure. The RBM of blade no. 2 are shifted
to higher values compared to blade no. 1, due to inaccurate mounting of
the blades which caused higher geometric pitch, as discussed in Section 6.8.
The average torque generated increases as λ decreases from 8 to 4.5, which
is the optimal tip speed ratio for the TGL blade design. The amplitude of
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Figure 7.1: Average values of rotor torque Q, thrust T and rigid blade root
bending moment RBM at flow speed U∞ = 0.8 m s−1 . The load fluctuations are
represented by one standard deviation errorbars.

the torque fluctuations also increases significantly at low λ. I will show that
these fluctuations are mostly due to the turbine instability at low speeds.
Figure 7.2 shows the torque power spectra, with the frequency values on the
horizontal axis normalised by the average rotor speed. Vertical, dashed lines
indicate the main load components. For λ = 4.5, 5 and 6, there is a dominant
periodic load at 3P (i.e. three times the rotor period) due to each blade
rotating in the shear flow, from high-speed regions (top position) to low-speed
regions (bottom position), and the presence of the tower 486 mm downstream
of the rotor, which deviates the upstream flow. The area under the spectrum
represents the energy content of the fluctuations and the variance of the
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signal, and it indicates that the 3P broad peak strongly contributes to the
torque fluctuations. The 3P peaks are not visible at λ = 7 and λ = 8. Sharp
peaks are present in all cases at 6, 12 and 24 times the rotor frequency.
The 12P and 24P peaks have been previously identified as motor cogging
effects introduced by the 12-pole motor used in the turbine [20]. Since the
amplitude of the peaks decreases at the higher frequencies, it suggests that
the 6P is the base frequency and the 12P and 24P are its second and third
harmonic. By inspecting the spectra close to the y-axis, let’s note that at
λ = 4.5 the torque has a low-frequency contribution which is one order
of magnitude higher than at λ = 8. The signal intensity decreases with
increasing λ, indicating that at low tip speed ratio the torque experiences
wide fluctuations at a frequency lower than 1P, and that the amplitude of
these fluctuations decreases at higher tip speed ratios. It is not known what
is the source of this low frequency fluctuation. The red circle in Fig. 7.2,
highlights a very strong and narrow peak which appears only at λ = 4.5 and
λ = 5. Moreover, such peak does not scale with the rotational regime of the
turbine. The significance of this phenomenon will be discussed later.
Similar considerations are drawn for the thrust power spectra shown in
Fig. 7.3. In this case the 3P peak is visible for all tip speed ratios, and the
higher harmonics at 6P and 9P are also visible despite the lower intensity.
The motor cogging effects do not affect the thrust as much as the torque,
in fact, the 12P and 24P peaks are not visible. The flat peak at 1P is most
likely due to drive-train misalignment and to load imbalance between the
blades, as explained in Section 6.8. A secondary peak at 2P is also noticed.
Also in this case, the red circles indicate sharp peaks at low tip speed ratios
that don’t scale with the turbine frequency.
Figure 7.4 shows the RBM power spectra. The broadest peak happens at
1P, which is consistent with the 3P loads in the thrust and torque spectra.
Higher harmonics can be seen at 2P and 3P, and at high λ also at 4P and
5P. These harmonics are not clearly identifiable at low tip speed ratios since
the signal is dominated by the sharp peaks indicated by the red circles. Only
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Figure 7.2: Torque power spectra at different tip speed ratios λ, U∞ = 0.8 m s−1 .
The dashed, vertical lines identify the frequency of relevant load harmonics.

minor differences are noted between the two blades.
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Figure 7.3: Thrust power spectra at different tip speed ratios λ, U∞ = 0.8 m s−1 .
The dashed, vertical lines identify the frequency of relevant load harmonics.The
red circles identify a periodic load that happens at a fixed frequency and does not
depend on the rotational speed of the turbine.

7.1.1

Turbine instability

The peaks identified by red circles in Figs. 7.2, 7.3 7.4 can be better understood by plotting the spectra over the dimensional frequency values as shown
109

Chapter 7. Experimental results

Figure 7.4: RBM power spectra at different tip speed ratios λ, at U∞ = 0.8 m s−1 .
The dashed, vertical lines identify the frequency of relevant load harmonics. The
red circles identify a periodic load that happens at a fixed frequency and does not
depend on the rotational speed of the turbine.

in Fig. 7.5. The vertical, dashed lines indicate the frequencies of such peaks.
The highest peak happens at a frequency of about 4.5 Hz, with a secondary
peak shown at twice that frequency, at 9 Hz. Both peaks are clearly visible
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in the thrust spectra ST and the spectra of the turbine rotational speed Sω ,
whereas the torque spectra SQ shows only the first peak, and the flow velocity spectra SU x show none. The peaks frequencies coincide at λ = 4.5 and
λ = 5, confirming that the phenomenon does not depend on the speed of the
turbine. The peaks are about two orders of magnitude more intense than the
underlying signal at 4.5 Hz. The peaks are apparent also at λ = 7, however,
4.5 Hz and 9 Hz correspond to the 3P and 6P frequencies respectively, and
the peaks are thus expected. The fixed-frequency phenomenon is not due to
flow speed fluctuations since there is no relevant flow phenomenon at 4.5 Hz
in the flow speed spectra SU x . Instead, it’s a phenomenon due to the turbine,
and it is manifested only at low tip speed ratios as shown by the spectra Sω .
Since the peaks are not visible when the turbine rotates in the absence of
current (see Sω - no flow, Fig. 7.5), the phenomena is likely an instability in
the turbine rotational speed that happens for specific combinations of flow
and rotational speeds, as first noted by Payne et al. [187].

7.2

Passive-pitch system effectiveness

Tests with the passive-pitch system were conducted with one blade passively
pitching at a time, to overcome the limitations of the turbine speed control
system. I tested three different setups for the passive-pitch system. In the
first two, blade no. 1 was allowed to pitch and it had preload angles of
275 deg and 450 deg, respectively. In the third setup, blade no. 2 had a
preload angle of 550 deg.

7.2.1

Effect of preload angle

The passively pitching blades were not capable of generating the same average loads as the rigid blades. Figure 7.6 compares torque Q, thrust T and
root bending moment RBM of the rigid blade with the respective quantities
measured with a passively-pitching blade. Since the RBM values for the rigid
blade showed different mean values between blade no. 1 and blade no. 2, the
comparison with the passive-pitch blade is shown separately.
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Figure 7.5: Spectra at different tip speed ratios λ, at U∞ = 0.8 m s−1 . Starting
from the top, the graphs show the torque spectra, thrust spectra, the spectra of
the point-measured flow velocities, and the spectra of the rotational speed of the
turbine at U∞ = 0.8 m s−1 and in the absence of flow. (∗ λ for the “no flow”
condition represent the turbine rotational speed and are computed using a flow
speed of 0.8 m s−1 )

Let’s note that, compared to the rigid case, the average torque of the pas-
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Figure 7.6: Average values of rotor torque Q, thrust T and root bending moment
RBM for the rotor with one passively pitching blade, at flow speed U∞ = 0.8 m s−1 .
The fluctuations of loads and λ are represented by vertical and horizontal one
standard deviation errorbars respectively. The rigid blade loads are shown as
dashed black lines. (∗ Passive Pitch, preload angle is indicated in parenthesis)

sive pitch system is lower at all tip speed ratios and for all preloads. Instead,
the average thrust and bending moments are lower for preload 275 deg but
higher for preloads 450 deg and 550 deg. This behaviour is readily explained.
A preload of 275 deg is too low to generate a spring moment that balances
the average fluid pitching moment at the design incidence, the blade pitches
nose-down and the incidence is reduced to a value where the spring preload
can balance the fluid moment. In this condition, the blade generates less lift,
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and it experiences lower torque, thrust, and bending moment. In particular,
at λ = 8, the high rotational speed reduces the inflow angle such that the
blade experiences negative angles of attack and the lift acts in the opposite
direction (i.e. it points upstream and backwards instead of downstream and
in the direction of the blade motion). In fact, the bending moment becomes
negative, whereas thrust and torque remain positive since they consider also
the contributions of the other two blades1 .
Conversely, for preloads 450 deg and 550 deg, the pitching blade operates
at higher incidence, generating greater lift but also greater drag, resulting
in lower torque, higher thrust, and higher bending moment. This effect is
amplified at incidences close to the static stall angle, where increasing the
angle of attack generates a small lift increase and a substantial drag increase.
In extreme cases, at low tip speed ratios, the angle of attack might become
so high that separation occurs. The fluid loading would thus be determined
mainly by drag, due to the loss of lift, and the blade would generate a net
negative torque contribution, whilst the thrust and bending moment would
be lower but still positive. I believe separation occurred for λ = 4.5 and
preload 550 deg. In fact, the rotor torque in Fig. 7.6 shows a substantial
decrease, whereas thrust and bending moment are less affected.
From the results shown in Fig. 7.6, it is evident that a preload of 275 deg
is too low, that 450 deg and 550 deg are too high, and that the right preload
(i.e. the preload that allows the same average loads as for the rigid blade)
lies in between, at all tip speed ratios.
To further interpret these results, let’s consider that the design preload
angle was 450 deg, and it was computed for U∞ = 0.8 m s−1 and λ = 7.
Experiments showed that preloads 450 deg and 550 deg are too high, and
275 deg is too low. For higher preloads, the blade experiences higher angles
1

The negative RBM is caused by the sections near the blade tip, which experience
negative incidence and generate higher loads than the root sections. Instead, the pitching
moment is determined mainly by the sections near the root due to the greater moment arm.
Since the root sections have a higher geometric twist their incidence remains positive, they
balance the spring moment, and they keep the blade stable whilst generating a negative
RBM.
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of attack along its entire span compared to design conditions, whereas for
the lower preload, the incidence is lower. When operating at higher tip speed
ratio, the RBM changes according to two competing effects, namely dynamic
pressure increase and reduction of the angle of attack. The former intensifies
the average RBM, the latter reduces it. Both the dynamic pressure and
the incidence change equally on each blade, regardless of the spring preload,
however, the effect on the RBM is different. Let’s consider the lift in Eq. 3.6
for a blade section, where the lift coefficient is approximated as 2πα. The
lift is
1
L = ρw cU72 2πα7 ,
2

(7.1)

where the pedix “7” indicates the conditions at λ = 7. At λ = 8, the
inflow speed increases by ∆U and the incidence decreases by ∆α, which
are independent of the preload and hence equal for each blade. In first
approximation, the change in the lift can be described as

∆L =

∂L
∂U




|∆U | −

7

∂L
∂α


|∆α|,

(7.2)

7

where



∂L
= ρw c2πU7 α7 ,
∂U 7
 
1
∂L
= ρw c2πU72 .
∂α 7 2

(7.3)

For any preload, the change of the angle of attack causes the same reduction
in the lift. Instead, the increase of dynamic pressure causes a greater lift if
the incidence was higher to begin with. I believe that for preloads 450 deg
and 550 deg, since the blade operated at a higher incidence, the increase in
the dynamic pressure had a greater effect on the loads than the reduction of
the angle of attack. Hence, the RBM increases together with the tip speed
ratio. Conversely, at preload 275 deg, the angle of attack is lower, and its
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reduction dominates over the dynamic pressure increase. Hence, the RBM
decreases as the tip speed ratio increases. In fact, Fig. 7.6 shows that the
blade with spring preload 275 deg experiences lower RBM as the tip speed
ratio increases, whereas blades with preload 450 deg and 550 deg show and
increasing RBM.

7.2.2

Effect of friction on the system performance

The capabilities of the passive-pitch system to mitigate the load fluctuations
will be presented only for the blade with preload 275 deg, since in the other
two cases friction prevented the system from working correctly. Although
the spring can generate enough torque to balance the average loads (about
2 Nm for preload 450 deg), the system mitigates load fluctuations which are
one order of magnitude smaller than the average loads, hence, as much as
0.1 Nm friction torque can deteriorate the system performance considerably.
The two sources of friction are the bearings and the contact between the
shaft and the spring wound around it.
Bearings friction
The bearings friction was not not specified by the manufacturer and it is
difficult to measure due to the small scale of the loads and the complexity
of the measurement [190]. However, it’s possible to estimate the impact of
the bearing friction on the effectiveness of the passive-pitch system. Bearings
friction are typically estimated with empirical formulas. Ball bearings present
four sources of friction: rolling motion, sliding motion, the presence of seals,
and the drag from churning and splashing of the lubricant within the bearings
[191]. The rolling, sliding, and drag friction depend on the rotational speed
and they are not relevant in this case because the pitch motion of the blade is
intermittent and limited to a few degrees about the average angular position.
Moreover, frictional losses from the seals may exceed the other losses in
the bearings, making them the main contributor to friction. The frictional
moment from the seals Mseal can be estimated in Nmm as
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Mseal = KS1 dβS S + KS2 ,

(7.4)

where dS is the seal counterface diameter, which is 30 mm, whereas KS1 ,
KS2 , and βS are empirical constants. For angular contact ball bearings, like
those that I used, the empirical constants indicated by bearing manufacturer
SKF are KS1 = 0.014, KS2 = 10 and βS = 2 [191]. The estimated frictional
moment of the seals is 0.023 Nm, which is about 1% of the average pitching
moment or 10% of the amplitude of the moment oscillations. Although the
friction caused by the bearings does not stop the passive-pitch system, it
reduces in part its effectiveness.
Contact friction between spring and shaft
The friction due to contact between the spring and the shaft is more difficult
to estimate due to the unique and uneven contact pattern between the parts.
As the spring is preloaded, it tightens around the shaft reducing the clearance
and increasing the chance of contact. As shown in Fig. 7.7, the spring has
a nominal inner diameter2 din = 22.65 mm, Nc = 16 coil turns at rest, the
wire is tw = 2.34 mm thick, and the length of the wire Lw = Nc π(din + tw /2)
is thus known and equal to 1256.10 mm. Table 7.1 summarises the changes
of the spring inner diameter din , the clearance cw from the shaft which has
20 mm nominal diameter, and the number of coils Nc when applying different
preloads.
The spring with preload 275 deg has a clearance from the shaft which
is 1.8 times bigger than the spring with preload 450 deg, and 3.3 times
bigger than the spring with preload 550 deg. Moreover, I estimated that
the spring would lock on the shaft when it reaches an angle of 683 deg
due to excessive tightening of the coils. Bench tests showed that the spring
locks onto the shaft after almost two full turns, confirming the estimate
accuracy. Since the springs with preloads 450 deg and 550 deg exhibited
2

The nominal dimensions of the springs are provided by the supplier and they were
confirmed by measurements.
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Figure 7.7: Spring dimension and clearance from shaft.

Preload [deg]

No. coils
Nc [-]

Spring diameter
din [mm]

Clearance
cw [mm]

0 (rest)
275
450
550

16
16.76
17.25
17.53

22.65
21.52
20.83
20.46

1.32
0.76
0.41
0.23

Table 7.1: Change in spring dimension and clearance from shaft due to preloading.

a slight bend along their axis, I believe that these springs generated more
friction compared to the spring with preload 275 deg, and that the load
mitigating capability was compromised. Hence, in the next section, I will
assess the load mitigating capabilities only for the tests performed using the
spring preloaded at 275 deg.

7.2.3

Load mitigation

The passive-pitch system was capable of mitigating the load fluctuations at
all tip speed ratios, as shown in Fig. 7.8. Starting from the top, the graphs
show the change in the fluctuations amplitude of torque, thrust, RBM, and
rotational speed. The fluctuations amplitude is represented by the standard
deviation, and amplitude change is shown in percentage with respect to the
rigid rotor case. Results are shown for the passively pitching blade installed
with preload angle 275 deg and they are in green when the fluctuations
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Figure 7.8: Mitigation of the amplitude of torque Q, thrust T , root bending moment MRB , and rotational speed ω fluctuations with respect to the fully-rigid rotor.
The amplitudes are represented by the respective standard deviations. Green bars
indicate a reduction of the amplitude, red bars indicate an increase.

amplitude decreases, and in red when the fluctuations amplitude increases.
In all cases considered, all the loads have consistently been reduced. Peak
performance can be observed at λ = 4.5, where fluctuations of thrust are
mitigated by 55%, RBM fluctuations by 45%, and torque fluctuations by
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60%. The poorest performance is observed at λ = 7, where fluctuations of
thrust, RBM, and torque are reduced by 7%, 14%, and 2% respectively.
Let’s note that the passive pitch performance is consistent with the changes
of the turbine speed fluctuations shown in Fig. 7.8, as load fluctuations are
due to oscillations of the blade incidence but also to fluctuations of the dynamic pressure which is determined mainly by the turbine speed. In particular, at low tip speed ratio (λ = 4.5, 5, 6) the oscillations of the loads
and of the turbine speed are both alleviated. Since the passive-pitch system
mitigates the loads by changing the blade pitch angle, it affects directly the
blade incidence but not the turbine speed, which instead is determined by a
more complex interaction between the rotor, the drivetrain, and the control
system. It is thus not possible to establish if the load mitigation was due to
the change of the turbine speed or to the passive-pitch system. Conversely, at
high tip speed ratio (λ = 7, 8), the loads are alleviated despite the increase in
amplitude of the turbine speed fluctuations, proving that the system worked
as intended.
In the following sections, I will show that the passive-pitch system worked
in all cases. In particular, at low tip speed ratio, I will prove that the load
alleviation was due to the combination of the passive-pitch system effectiveness and the reduction of the turbine speed fluctuations. Instead, at high tip
speed ratio, the load mitigation was due only to the passive-pitch system,
further confirming the system effectiveness.
Mitigation of load fluctuations at low tip speed ratio
Let’s consider the power spectra in Fig. 7.9. The graphs compare the frequency content of the loads at λ = 4.5 for the rigid and the passively-pitching
systems. The amplitude of the fluctuations is determined by the height and
the width of the peak at a given frequency (see Section 6.7), and a lower or
narrower peak corresponds to reduced fluctuations amplitude.
The intensity of the highest peak at 4.5 Hz (i.e. due to turbine instability
- Section 7.1) is reduced by at least one order of magnitude for all loads.
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Figure 7.9: Power spectra of torque Q, thrust T , root bending moment MRB and
rotor speed ω at λ = 4.5. Each graph compares the spectra of the rigid and the
passive pitch systems. (∗ Passive Pitch, preload angle is indicated in parenthesis)

In the case of the RBM, the peak is reduced by two orders of magnitude,
it nearly disappears, and the second load harmonic at 9 Hz also disappears.
However, the spectrum of the turbine speed shows a comparable mitigation
of the same peak, suggesting that the load alleviation is due to a more stable
speed rather than the passive-pitch system. The turbine speed presents also
a higher peak at 1P, which can be noted also in the torque spectrum, caused
by the rotor imbalance due to the passively pitching blade that experiences
different loads compared to the other two blades. Similar considerations
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apply also to the spectra at λ = 5 and λ = 6, shown in Fig. 7.10. Beside the
above observations, the differences between the spectra of the passive-pitch
case and those of the rigid case are quite small, which makes it difficult to
judge the effectiveness of the passive-pitch system across the entire spectrum.

Figure 7.10: Power spectra of torque Q, thrust T , root bending moment MRB and
rotor speed ω at λ = 5 (left) and λ = 6 (right). Each graph compares the spectra
of the rigid (black) and the passive pitch systems (blue and cyan). (∗ Passive Pitch)

Tables 7.2, 7.3 show the ratio of the variance associated to a certain frequency range between the passive-pitch case and the rigid case. This analysis
allows to identify all the frequencies affected by the passive-pitch system, and
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to better quantify its effectiveness. If a number is smaller than one, the fluctuations associated to a certain frequency band are mitigated, if greater than
one, they are amplified.

frequency

low

1P

3P

high

var ratio
torque [-]

λ = 4.5
λ=5
λ=6

0.95
1.27
1.07

1.20
1.26
1.59

0.99
1.15
0.66

0.12
0.25

0.48
0.67
0.95∗

var ratio
thrust [-]

λ = 4.5
λ=5
λ=6

0.86
1.05
0.92

0.73
0.72
0.76

0.82
0.88
0.44

0.07
0.13

0.37
0.57
0.78∗

var ratio
speed [-]

λ = 4.5
λ=5
λ=6

1.67
1.26
1.35

1.52
1.77
1.58

1.07
1.20
0.69

0.12
0.23

0.80
0.84
1.12∗

Table 7.2: Mitigation of loads variance across different frequency components and
tip speed ratio. The values represent the variance of the passively pitching blade
loads as a fraction of the variance of the rigid blade loads. Values smaller than one
indicate a reduction of the variance associated to that frequency component. (∗
For λ = 6, only one frequency band is considered above the 3P band, since there
is no load peak at 4.5 Hz)

The turbine speed fluctuations are mitigated at high frequencies, but amplified at low frequencies, as shown in Table 7.2. In particular, for λ = 4.5
and λ = 5, the mitigation of the peak at 4.5 Hz is so great that the turbine
speed fluctuations are overall reduced. For λ = 6, there is not distinct peak
at 4.5 Hz, but the turbine experiences intense speed fluctuations close to the
3P frequency, which are reduced in the passive-pitch case. The torque spectra
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var ratio
RBM [-]

frequency

low

1P

2P

3P

λ = 4.5
λ=5
λ=6

0.77
0.54
0.72

0.83
0.46
0.51

0.63
0.48
0.84

0.69
0.60
0.23

high
0.04
0.14

0.30
0.55
0.69∗

Table 7.3: Mitigation of RBM variance across different frequency components and
tip speed ratios. The values represent the variance of the passively pitching blade
loads as a fraction of the variance of the rigid blade loads. Values smaller than one
indicate a reduction of the variance associated to that frequency component. (∗
For λ = 6, only one frequency band is considered above the 3P band, since there
is no load peak at 4.5 Hz)

are consistent with the speed spectra, with greater mitigation experienced
around the peak at 4.5 Hz, but more intense fluctuations at lower frequencies,
particularly around 1P peak. Instead, the thrust and the RBM are mitigated
consistently across the entire spectrum, including 1P, 2P, and 3P frequencies, despite more intense speed fluctuations. The effects are larger for the
RBM, since it considers only the passively-pitching blade and is therefore
more representative of the effectiveness of the passive-pitch system.
The mitigation of the load fluctuations is thus due in part to the reduction
of the turbine speed fluctuations, and in part to the passive-pitch system.
Most importantly, I showed that the RBM fluctuations at 1P, 2P, and 3P
frequencies is mitigated by the passive-pitch system, despite greater speed
oscillations. Since the system was designed to alleviate load fluctuations at
those frequencies (i.e. oscillations due to shear flow), these results confirm
the load-mitigating capabilities of the passive-pitch system.
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Mitigation of load fluctuations at high tip speed ratio
Figures 7.11, 7.12 show the loads and turbine speed spectra for a turbine
operating with one passively-pitching blade, at λ = 7 and λ = 8 respectively.
Similar to the rigid case, there is no distinct peak caused by the turbine
instability, as shown by the smooth torque spectra. As opposed to lower tip
speed ratios, there is no obvious peak reduction, and the turbine speed is
dominated by low frequency fluctuations. In particular, the turbine speed
spectra shows a more intense 1P peak due to blade imbalance. Overall, the
differences between the spectra for the passive-pitch case and those for the
rigid case are small.
Tables 7.5, 7.4 compare the variance associated to different frequency bands
between the passive-pitch case and the rigid case. A variance ratio smaller
than one indicates mitigation of the fluctuations, if the number is greater
than one the fluctuations are amplified. As for lower tip speed ratios, the
turbine speed fluctuations are mitigated at high frequencies (i.e. frequencies
>3P) and amplified at low frequencies. However, at λ = 7 and λ = 8, the
speed fluctuations are dominated by low frequency components, particularly
1P and lower frequencies, which cause an overall increase of the amplitude
of the turbine speed oscillations (Fig. 7.8). All the loads experience a near
uniform mitigation across the entire spectrum. In particular, RBM fluctuations are attenuated at the peak frequencies 1P, 2P, and 3P. Therefore, the
load mitigation is due to the alleviation of the oscillations of the blade incidence, despite greater oscillations of the dynamic pressure, confirming that
the passive-pitch system worked as intended.

7.3

Discussion

The proof-of-concept experiments I performed in FloWave showed that the
passive-pitch system can mitigate the load fluctuations in all the tested conditions, but it was not capable of generating the same average loads as the
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Figure 7.11: Power spectra of torque Q, thrust T , root bending moment MRB
and rotor speed ω at λ = 7. Each graph compares the spectra of the rigid and the
passive pitch systems. (∗ Passive Pitch)

rigid system.
The average loads were affected by uncertainty in the installation angle of
the blades and by too high/low average spring moments. The installation angle of the blade affects the average fluid loading, including the pitch moment,
and it thus affects the ideal spring preload. On top of that, the uncertainty
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Figure 7.12: Power spectra of torque Q, thrust T , root bending moment MRB
and rotor speed ω at λ = 8. Each graph compares the spectra of the rigid and the
passive pitch systems. (∗ Passive Pitch)

associated to the spring stiffness and with the prediction of the ideal preload
also affected the reaction moment considerably. Therefore, the different average loads were likely caused by a combination of these factors. Nonetheless,
in the absence of the preloaded spring, the blade would have pitched nosedown to a position of zero net moment, where load generation would have
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frequency

low

1P

3P

6P

high

var r. torque [-]

λ=7
λ=8

1.03
0.85

0.80
0.74

0.84
0.73

0.89
0.69

0.81
0.54

var r. thrust [-]

λ=7
λ=8

0.93
0.75

0.65
0.95

0.88
0.87

0.80
1.04

0.72
0.75

var r. speed [-]

λ=7
λ=8

1.50
1.32

1.11
1.18

1.05
0.95

0.98
0.91

0.85
0.71

Table 7.4: Mitigation of loads variance across different frequency components and
tip speed raios. The values represent the variance of the passively pitching blade
loads as a fraction of the variance of the rigid blade loads. Values smaller than
one indicate a reduction of the variance associated to that frequency component.

var r. RBM [-]

frequency

low

1P

2P

3P

high

λ=7
λ=8

0.90
0.65

0.67
0.83

0.70
0.98

0.80
0.77

0.71
0.71

Table 7.5: Mitigation of RBM variance across different frequency components and
tip speed ratios. The values represent the variance of the passively pitching blade
loads as a fraction of the variance of the rigid blade loads. Values smaller than
one indicate a reduction of the variance associated to that frequency component.
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been minimised. Instead, the blade reached an equilibrium position where
it was generating power, confirming that the passive-pitch system behaved
as expected, although performance was suboptimal. Moreover, tests with
different preload angles indicated that the optimal preload is found between
275 deg and 450 deg, a value in line with the low-order code prediction.
The load fluctuations were mitigated in all the tested conditions. The fluctuations of the turbine speed contributed significantly to the performance of
the system, but even in those cases where the turbine speed fluctuated more,
the loads were effectively mitigated. These test highlighted the limitations of
the turbine control system in two conditions. First, a rigid turbine becomes
unstable when operating at low tip speed ratios and low flow speed, causing
large fluctuations of the turbine speed and, hence, of the loads. Second, when
operating passively-pitching blades, constant changes in the pitch angle affect the loads, particularly the torque, which affects the rotational speed and
requires greater control capabilities that the control system fails to provide.
Even if the passive-pitch system mitigates the first kind of instability, the
self-induced instability where managed only by allowing only one blade to
passively-pitch at a time.
These experiments highlighted the biggest issues that should be sorted in
order to further develop the passive-pitch technology, but I believe they also
provided a compelling proof that the passive-pitch system works, and that
passive mitigation of load fluctuations on tidal turbine blades is a viable
technology.

7.4

Differences between experiments and
low-order model

The comparison between the experiments and the low-order code would be
a definitive proof of the prediction capabilities of the model, and that it
could be used as a reliable prediction tool to further develop the passivepitch system technology. However, such comparison is not feasible. There
are two main reasons why such comparison cannot be done: the uncertainty
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in the spring preload angle and the presence of friction in the experimental
model.
The spring preload was affected by several aspects. First, as discussed in
Section 7.3, the uncertainty in the blade mounting angle affected the incidence of the blade, the loads, and thus the average fluid moment that had to
be balanced by the spring. Hence, the blade pitched to a new angular position where the actual spring preload is unknown. Also, the springs stiffness
is different from the nominal value, causing the springs to apply a different
moment for a given preload angle. In summary, the actual spring preload
is not known and cannot be used as input for the low-order code, and the
uncertainty associated to the spring stiffness is such that even if the spring
preload were known, the simulated spring moment would not be accurate.
In Section 7.2.2, I discussed the different sources of friction that affected
the mitigation of the blade loads. Although I estimated the bearings friction,
its effect combined to the friction between the spring and the shaft cannot
be quantified. Therefore, it’s not possible to model the reduction of the load
mitigation capabilities of the passive-pitch system in the low-order code.
Moreover, there are other minor reasons that would affect the quality of a
comparison between experiments and simulations. For instance, I developed
the low-order code to capture first order phenomena that define the working
principle of the passive-pitch system. However, experiments are subjected
to all sorts of physical phenomena. Higher order phenomena do not define
the underlying mechanics of load alleviation by morphing blade, in fact, they
did not undermine the system effectiveness. However, they might affect the
performance of the system. Since these phenomena are not modelled in the
low-order code, they just add to the differences with the experiments.
In conclusion, it is not possible to replicate the experimental conditions
using the low-order code with a degree of confidence that a comparison between experimental results and numerical simulations would be meaningful.
In particular, it would not be possible to compare the performance of the
passive-pitch system in its two functions, namely generation of the same
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average loads as the rigid system and mitigation of the load fluctuations.
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8
Conclusions

I discussed the underlying mechanism by which morphing blades can mitigate
unsteady load fluctuations on tidal turbines. I considered a blade whose
trailing edge can passively deflect under the effect of the hydrodynamic loads.
When a gust occurs, the trailing edge deflects shedding the additional load.
To investigate the governing physics, I developed a low-order model where
the blade flexibility is modelled by a mass-damper-spring system. The model
does not consider the exact blade shape variations but only the effect that
this has on the angle of attack. Hence, it can equally represent a blade
with distributed chordwise flexibility, as well as a rigid blade that passively
pitches.
By neglecting mass and damping effects, and by further assuming independent blade sections at any spanwise location, I showed that a morphing blade
can completely cancel the thrust fluctuations experienced by rotating in a
sheared current (> 99% reduction) without affecting the mean torque and
thus the energy harvested. This is possible because, when a gust occurs, the
increased flow speed makes the blade to pitch and this result in a reduction
in the angle of attack. The optimum blade flexibility is such that the load
increase due to the higher flow speed is cancelled by the load reduction due
to the lower angle of attack.
The condition that each blade section deflects independently of those at
other spanwise locations is not critical for the effectiveness of the system. The
opposite limiting condition is when all blade sections must pitch by the same
amount, which is saying that the blade is rigid and has a passive pitching
132

Chapter 8. Conclusions
mechanism at the root. In this case, I found that the root bending moment
fluctuations are decreased by more than 98% for a 18 m diameter, 1 MW
turbine in a sheared tidal current operating at a tip speed ratio of 4.5.
The effectiveness of the system is partially decreased by both the mass and
damping of the system. I modelled the hydrodynamic inertia and damping
with Theodorsen unsteady aerodynamic theory. I estimated the inertia of a
realistic 9 m span blade, and I undertook a parameter study of the mechanical
damping.
Accounting for the unsteady hydrodynamics effects and the blade inertia, the root bending moment fluctuations were reduced by more than 93%.
Their effect, however, depends on the onset flow conditions. Hence, I also
modelled the morphing blade in the tidal flow conditions measured at the
EMEC site with more than 4 m significant wave height with a period of 10 s.
In these conditions, the quasi-steady analysis predicted a reduction of the
root bending moment fluctuations of 87%, with virtually no reduction of the
power generated. For the dynamic analysis, the chaotic inflow conditions
were approximated using a Fourier representation which allowed to apply
Theodorsen theory. The morphing blade performance was lower, showing a
reduction of the root bending moment fluctuations of 66%. Hence, I infer
that the unsteady hydrodynamic effects and the blade inertia are important factors, but do not undermine the general effectiveness of the morphing
blades.
On the other hand, a high mechanical damping can undermine the ability
to mitigate unsteady loads. The damping depends on the design of the
morphing blade and can be due to the viscous dissipation of the flexible
material, or on the mechanical damping of a passive pitch mechanism. Our
parameter study can be used in the future to estimate the unsteady load
mitigation of different blade design concepts.
I validated the morphing blade idea by performing proof-of-concept experiments in FloWave, using a 1:15 scale model turbine. To maintain the
closest resemblance to the low-order model, I designed a blade that could
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passively-pitch but could also operate at a fixed pitch angle. Using the
low-order model, I created the mechanical and hydrodynamic design, and
estimated the required spring stiffness and preload. The blade were tested in
a 0.8 m s−1 current, equivalent to a full-scale flow of 3 m s−1 , five different tip
speed ratios, and experienced flow fluctuations due to turbulence and shear
flow. The passive-pitch tests were repeated for three different preload values.
Results show that the passive-pitch system reduced the fluctuations of root
bending moment, thrust and torque in all tested conditions. In all cases, the
root bending moment standard deviation was reduced by more than 14%,
with peak performance at tip speed ratio λ = 4.5 where fluctuations were
reduced by 44.6%. The greatest performance were achieved at low tip speed
ratios, as the passive-pitch system mitigated not only the fluctuations of
the angle of attack but also the oscillations of the turbine rotational speed
which the controller failed to maintain constant. Analysis of the power spectra revealed that high performance of the passive pitch system at low tip
speed ratios are due to the mitigation of low-speed instability due to the turbine speed controller and reported also by other authors. The passive-pitch
system performed well also at high tip speed ratios, where no instability occurred, mitigating load fluctuations across the whole spectrum, and giving
the definitive proof of its effectiveness.
Passively-pitching blades generated different average loads compared to
rigid blades. The low-order model predicted a spring preload that did not
bring the desired effect. However, this issue is not due to the inaccuracy
of the low-order model which, in fact, showed great agreement with more
sophisticated CFD models. Differences between the experimental model and
the low-order model are such that the numerical predictions are not representative of the experimental setup. In particular, the blade alignment was
severely affected by uncertainty in the mounting angle, which affected the
average loads and, in turn the spring preload. Moreover, bearing friction and
contact friction between the shaft and the spring degraded the performance
of the system. In the two cases with the highest preload, results were deemed
not representative due to excessive friction between the spring and the shaft.
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Both numerical and experimental models confirmed the effectiveness of a
passive-pitch system to mitigate unsteady load fluctuations on tidal turbine
blades to extend their lifespan and reduce the overall cost of the project.
This work provided insights on the parameters affecting the performance of
a morphing blade, showing that the system dynamics and the unsteady hydrodynamics can have considerable effects on the performance of the system.

8.1

Future work

Now that the physics underlying load alleviation by morphing blades has
been established and that the concept has been verified experimentally, I
think it is worth investigating further with focus on the choice of material
for the realisation of a blade with a flexible trailing edge, and the detailed
analysis of higher-order phenomena that could affect the performance of the
system but could also be exploited for optimisation.
Before this technology can be adopted by the industry, more research is
needed to address the need for a new structural design, to identify the materials that can be adopted, and the associated manufacturing and the supply
chain. Since tidal turbine blades are typically made of a composite structure reinforced with a boxspar, the use of a novel structure and materials
will require extensive testing and characterisation to guarantee reliability
and survivability of the blade. Overall this paper contributes by providing
insights on the underlying mechanism of morphing blades and the blade behaviour that future designs need to achieve. I believe one of the greatest
challenges is to find a strategy that allows to preload the material to sustain
the average loads, similarly to turning the torsional spring and locking it in
a loaded configuration.
A virtue of low-order numerical models is that they reproduce only firstorder phenomena and are thus representative of different practical solutions.
I showed that my model can represent a blade with a flexible trailing edge as
well as a passively-pitching system. The limit is that I cannot draw conclusions about higher-order phenomena and their effects on the system perfor-
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mance. For instance, a continuous deformation of the blade in the chordwise
direction could interact with dynamic stall vortices differently than the sharp
bend of a rigid trailing edge. I believe understanding this phenomena would
improve the performances of morphing blades and make them an even more
attractive solution for the industry.
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